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PREFACE

A review of the proceedings from the past workshops and the program for
the current workshop shows a continued trend toward a more unified view of
rotordynamics instability problems and several encouraging new analytical devel-
opments. Test programs that were in existence two years ago continue to yield
new reference data. Results from programs developed in the interim are also
reported.

Without wishing to slight any authors, the following papers appear to be
of particular interest:

(1) Shemeld's paper is useful in conveying the experience and philosophy
of "design for stability" from a major high-pressure compressor manufacturer.

(2) Dietzen and Nordmann's paper is the first published effort to merge
classical perturbation analysis with computational fluid dynamics (CFD). This
approach promises to yield affordable rotordynamic coefficients with the flex-
ability and power of CFD approaches.

(3) Kirk's paper on the influence of the impeller-shroud path on the inlet
tangential velocity of compressor wear-ring seals is particularly important
given its implications for swirl brakes and seal wear.

(4) Childs and Sharrer's experimental results on labyrinth seals are the
first published data that separately identify direct and cross-coupled stiff-
ness and damping coefficients.

(5) San Andres and Vance's paper represents a significant advance in the
analysis capability for squeeze-film dampers by accounting for both the con-
vective and temporal acceleration terms, which are traditionally ignored in
"Reynolds equation" types of analysis. Their results show that these terms
are significant for many damper applications.

(6) As a group, the magnetic-bearing papers are of considerable interest
and show the growing commercial interest in this new rotating-equipment devel-
opment. An expansion of this session is planned for the next workshop.

(7) Childs' paper on impeller-shroud surfaces is the first analytical
approach for predicting the shroud influence on impeller forces. Test results
at Sulzer Brothers, Ltd., and California Institute of Technology have suggested
that the leakage path along the shroud significantly affects dynamic impeller
forces.

We are confident that you will find all of the papers in this proceedings
to be of interest. Please read them and pick your own favorites.

This workshop was organized to continue addressing the general problem of
rotordynamic instability by gathering those persons with immediate interest,
experience, and knowledge of this subject for a discussion and review of both
past stability problems and present research and development efforts. The
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intent of the workshop organizers and sponsors is that the workshop and this
proceedings provide a continuing impetus for an understanding and resolution
of these problems.

Chairmen:

Dara W. Childs and

John M. Vance
Turbomachinery Laboratories
Texas A&M University

Robert C. Hendricks
NASA Lewis Research Center
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A HISTORY OF DEVELOPMENT IN ROTORDYNAMICS -
A MANUFACTURER'S PERSPECTIVE

David E. Shemeld
Dresser Industries, Inc.
0lean, New York 14760

The subject of rotordynamics and instability problems in high performance
turbomachinery has been a topic of considerable industry discussion and debate
over the last 15 or so years.

This paper reviews an original equipment manufacturer's history of development
of concepts and equipment as applicable to multistage centrifugal compressors.

The variety of industry user compression requirements and resultant problem-
atical situations tends to confound many of the theories and analytical techniques
set forth. The experiences and examples described herein support the conclusion
that the successful addressing of potential rotordynamics problems is best served
by a fundamental knowledge of the specific equipment. This in addition to having
the appropriate analytical tools. Also, that the final proof is in the doing.

INTRODUCTION

While the subject of “"rotordynamics" encompasses a broad range of lateral and
torsional considerations, this presentation briefly reviews the manufacturer's
efforts to correlate analytical procedures with machine operation including:

- verification of indicated critical speed with analytical results
- the influence of various components on the rotating system's behavior
- aerodynamic influences.

The review continues with the development of rotating system components and
their successful application in a variety of services, and compares the results
of this development and experience with a previously published graphical represen-
tation. (ref. 1, 2).

NOMENCLATURE

Values are given in both SI and U.S. Customary Units. The measurements and
calculations were made in U.S. Customary Units.

BHP
cfm

power, brakehorsepower
flow, cubic feet per minute



¥

Hz = frequency, hertz

in. = length, inches

KPa = pressure, kilopascal

kg/m3 = density, kilogram per cubic meter
kW = power, kilowatt

1bm/ft3 = density, pound-mass per cubic foot
m3/hr = flow, cubic meter per hour

mil = vibration, 0.001 inch

mm = length, millimeter

N = running speed

NC = critical speed

NCy = first bending critical speed

pst = pressure, pound-force per square inch
r/min = speed, revolutions per minute

Hm = vibration amplitude, micrometer

ROTORDYNAMICS

Phase One Testing

In the late 1960's a test rig (fig. 1) was estabiished to monitor seal and
rotordynamic behavior.

Reviewing the test rig (fig. 2), the casing was a standard multistage centrifu-
gal compressor frame with pressure capability of 34,500 KPa (5000 psi), and speed
capability to 14,000 r/min.

The casing was equipped with a rotor consisting of dummy weights installed on a
shaft to simulate impellers. The test vehicle configuration allowed installation of
a variety of bearing and seal combinations, variable rotor geometry and application
of unbalance weights.

In this test rig, rotordynamic influences were monitored through a range of

pressures without the influence of aerodynamic effects which normally result from
gas compression.

Initial testing evaluated a rotating system configuration representative of
components in use at the time. The configuration consisted of a rotor with a
1600 mm (63 in.) bearing span having ten weights installed simulating impellers.
The bearings were tilting pad type having five shoes. The seals were standard ring
type 0il film seals (fig. 7) of low profile geometry (fig. 8).

Bearing vibration results for a speed range through 14,000 r/min are shown on
figure 3. Rotor midspan vibration is shown on figure 4. The data definitions for
figures 3 and 4 are made in Table 1.

Testing was done using two case (and therefore seal) pressures [1030 KPa
(150 psi) and 6900 KPa (1000 psi)] and with a "tight", 0.127 mm (0.005 in.) and

"

ioose", 0.241 mm (0.0095 in.) bearing clearance.

It was evident from reviewing the characteristics of peak locations (fig. 3,
curves A vs. B, and C vs. D), and the vibration discontinuity evidenced in figure 3,
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curve C that both bearing and seal characteristics influence rotordynamic behavior.

Figures 3 and 4 also presented difficulties in data interpretation. For exam-
ple, in figure 3, note the Tow [less than 12.7 gzm (0.5 mi1)] vibration Tevel in the
first critical speed range and the difficulty in pinpointing these critical speeds.
Also, in figure 4, note the low speed amplitude being an appreciable portion of the
full speed amplitude as well as the initial decrease in amplitude as speed increased.
Phase data recorded was erratic and inconclusive.

These characteristics suggested a form of runout and the runout to be out of
phase with the unbalance. Since rotor instability, as experienced, was associated
with vibration at the first bending mode, correct modeling of the parameters influ-
encing the first critical speed was important.

Phase Two Testing

From the foregoing review of data, it was determined that more detailed testing
was necessary to overcome the difficulties of data interpretation. Testing during
this phase was set up to:

- operate without seals thereby eliminating the apparent seal effects on
critical speed;

- intentionally unbalance the rotor at midspan to give a clearer indication of
critical speed;

- run with "tight" and "loose" clearance bearings.

This phase of testing would be used to verify the analytical capability to
predict rotor response using available bearing and unbalance response programs.

Figures 5A and 5B compare analytical and test results for bearing and midspan
vibration vs. speed data for a "tight," 0.102 mm (0.004 in.) clearance bearing.

There is good correlation between the test (solid line) and calculated (dotted
line) first critical frequency.

Figures 6A and 6B compare analytical and test results for bearing and midspan
vibration respectively for a'loose,'0.241 mm (0.0095 in.) clearance bearing. Note
in this data, there are some test coupling unbalance effects and second bending
critical speed effects at higher speeds. The calculated values were analyzed with
unbalance modeled to compare to only the first critical speed.

The amplitude ratic data of figures 5A and 5B, and 6A and 6B (summarized in
Table 2) emphasize the ever present requirement for compromise in compressor com-
ponent design/application.

From Table 2, while tight bearing provides a lower indicated vibration at run-
ning speed, which may be considered advantageous to the user, the ratios at critical
speed indicate a more sensitive situation than the loose bearing.

The impact of subtle differences on the design of critical components and the
impact on compressor operation must be a prime consideration in revamping or replac-
ing parts.



Phase Three Testing

Having recognized from the first phase of testing that oil film seals had a
demonstrated effect on rotordynamics, the third phase of testing was established to

evaluate various seal configurations and establish a basis for analytical predict-
ability.

Figure 7 shows a typical ring type oil film seal in cross-section. Due to the
axial load associated with the high pressure drop across its unbalance area, the
outer ring is the component which influences rotordynamics.

Figure 8 shows several variations in outer ring geometry that result in dif-
ferent seal effects at a given pressure differential.

Testing was conducted with these different, albeit somewhat conventional, seal
designs at varying seal pressures and varying levels of rotor unbalance. Test
results indicated an unsettling effect of unbalance at low axial loads and indicated
highly loaded seals of this geometry to be unpredictable.

Data from tests of these various geometries also provided a plausible explana-
tion for the vibration discontinuity observed in figures 3 and 4. Since predicta-
bility is a requirement for reliability, it was determined that a new approach to
seal geometry must be taken.

Several seal designs were conceived and tested. The tilt pad seal (fig. 9)
evolved as the solution to the problem of predictability of seal effects while
eliminating the propensity for 0il whirl which had emerged as a problem during
testing of other seal geometries.

Verification of the tilt pad seal geometry included testing various 0il film
clearances enabling this parameter, as well as axial load and unbalance to be in-
cluded in the analysis as an accurate representation of the rotordynamic system.
Upon verification, the tilt pad seal was released to production units and has been
providing reliable service for over 12 years.

With the foregoing, the first three phases of the test program were complete.
During these phases, over 200 tests were run to evaluate rotordynamic parameters.

ROTOR INSTABILITY

With this progress in analytical capability and machinery experience, the in-
evitable result was to extend the equipment to higher heads, higher case 1ift, and
higher pressures by design innovations such as back-to-back construction, variable
stage spacing, inboard thrust bearings, and high pressure seals. Along the way in
this evolution, a vibration problem defined as rotor instability was encountered.
The rotor instability was evidenced by a pulsating vibration at subsynchronous fre-
quency, the amplitude of which would increase, resulting in rotor interference with
static parts. It was determined that the vibration was aerodynamically excited and

the frequency coincided with the rotor's first bending critical speed.

This manufacturer's exposure to the subsynchronous vibration problem first
occurred in the early 1970's. The problem surfaced in widespread geographical
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locations and encompassed both synthesis gas and natural gas compressors in applica-
tions at moderate and higher pressures. The approach taken was not to abandon the
extended capability and advantages inherent in the design philosophy, but to improve
understanding and solve the problem through incorporation of design advances. It

was recognized that to accomplish this would require a test vehicle which had experi-
enced a demonstrated, rotor instability in order to verify or evaluate design
modifications.

Instability Testing

A compressor that had experienced serious subsynchronous vibration was set up
in the test facility (fig. 10) for full pressure, full power operation. A compari-
son of design and test capability conditions are shown in Table 3.

A series of 30 tests were run on a helium/nitrogen mixture through a range of
flows, pressures and speeds.

The first series of tests (one through six) were baseline runs using the com-
pressor as originally built, including five shoe, tilt pad bearings and standard
ring type seals. These tests verified the field experience could be duplicated by
the shop test. An example of the data which shows the impact of the subsynchronous
component on midspan vibration is shown in figure I11. Note the Y-axis of this
oscilloscope picture is vibration at 2.54gm/Division (0.1 mil/Division) and the
X-axis represents time, in this case, ten seconds. This data represents the maxi-
mum speed (9000 r/min) that could be achieved prior to completely unstable operation.

The remainder of the testing applied many of the bearing and seal component
configurations to the "real condition" operating environment in combinations which
had been shown to be successful in prior testing without aerodynamic influence, and
which had already shown promising results when installed in field problem units. 1In
addition, this test program examined a variety of modifications to internal hard-
ware believed to influence the aerodynamic forces on the rotor system, as well as
investigation of friction effects of couplings and shrunk on parts.

Figure 12 is indicative of the results of this testing, again showing midspan
vibration and data at 2.54 g m/Division. The configuration included in this data
" included:

- damper, tilt pad bearings, five shoe;
- tilt pad seals;
- aerodynamic adjustments to stationary parts.

The success of these programs is represented by the application of these con-
cepts, analytical techniques and components to a quantity and variety of user
compressor requirements. It is important to note these components and concepts have
been applied successfully to multistage compression equipment of both back-to-back,
as well as straight-through rotor arrangements.

Recent History

With the addition of hydrocarbon gas capability to the existing inert gas full
load, full pressure test facilities in LeHavre, France, and Olean, New York, the
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manufacturer has expanded capability for evaluating rotordynamics/stability behavior
in "real-1ife" conditions.

In 1985, the opportunity was presented to evaluate a compressor's performance
under ASME Power Test Code 10, Class 1 conditions. The hydrocarbon gas blend was to
match a unique "natural gas" injection application and at the same time, match and
verify other aspects of the gas properties and gas behavior.

The compressor configuration was back-to-back, through-flow, without intercool-
ing, having a total of six impellers and fitted with squeeze-film, tilt pad bearings,
tilt pad seals, and the special aerodynamic division wall design; all of which had
been proven successful on prior development tests and in long-term field operation.
Additionally, all internal labyrinths were of conventional design. Bearing span,
as well as other geometric parameters, were well within prior experience. Unique
to this application was the hydrocarbon 35 mol weight gas being compressed to the
31,030 KPa (4500 psi) design, 33,100 KPa (4800 psi) maximum pressure.

During the full pressure, hydrocarbon performance test, a subsynchronous vibra-
tion component appeared and increased in intensity as pressure was increased going
back toward surge on the 100 percent speed line. The subsynchronous vibration data
during this test, although at very low levels [peaks to 7.6pum, (0.3 mil)], had a
pulsation characteristic that would be of potential concern to the operator. It
should be noted that later inspection of compressor internals showed absolutely no
distress to labyrinth seals or any other internal (or external) components that, if
existed, would be indicative of high midspan excursions. Figure 13, Test A, shows
representative data at the highest pressure tested during performance testing. The
data is bearing vibration shown on a time-sprectrum plot. Table 4, Column A shows
basic test conditions at that point. Note for reference, the highest vibration
amplitude shown on figure 13 is 12.7Mm (0.5 mil) (Test C, 147 Hz).

On this project, two duplicate compressors (units I and II) were being supplied.
While the compressor being discussed here (unit I) was being tested on hydrocarbon
gas, the sister unit (unit II) was being tested at another facility on an inert gas
and had not exhibited the subsynchronous component during its preliminary testing.
Based on this, it was decided to run unit I on nitrogen at the highest pressures
that could be achieved on that gas (similar to the conditions already experienced
by unit II). This test is designated test B on figure 13 and Table 4. The results
confirmed units I and II, under these conditions, had very similar operating char-
acteristics free of subsynchronous vibration. This tended to lead the investigation
to a detailed review of the compressor design as opposed to suspecting a random
type problem such as might have occurred during assembly. This test also confirmed

the need to run final verification tests on a gas blend closely duplicating field
gas conditions.

Close inspection during disassembly confirmed correct parts assembly. However,
scrutiny of the parts and manufacturing drawings revealed the stationary, flow-path
components had not received some of the detailed design features that had been

applied to other compressors in operation. These stationary components were re-
machined to conform to prior experience.

Test C (fig. 13 and Table 4) was the final verification test at maximum re-
quired pressure and speed. This test verified the adjustments made to the aerody-
namic flow path stationary components brought the subsynchronous component to a low

amplitude [peaks to 1.9um, (0.075 mi1)], stable condition.
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RESULTS

The results of these, and similar test programs, are reflected by the experi-
ence in a wide variety of application circumstances. This wide variety of applica-
tions, it should be added, reinforces the analytic approach through incorporation of
experience data into the evolution of the analytical process.

Based on knowledge gained from these research efforts, and application experi-
ences, the manufacturer is hesitant to embrace as absolute many of the analytical
techniques and empirical criteria presently published or available.

One such empirical criterion is represented by figure 14 (ref. 2). This repre-
sentation plots points based on a compressor's flexibility ratio and average gas
density in operation, with flexibility ratio defined as compressor maximum continu-
ous speed divided by the first critical speed on stiff supports. These points are
then compared to the "worst case" threshold line with the area above the line indi-
cated as "unstable region" and the area below the line indicated as "safe region".
According to the author (ref. 2), "The 'worst case' line given should be a useful
rule-of-thumb for indicating a threshold-of-concern for subsynchronous instability
in similar industrial centrifugal compressors."

To assist in putting such a chart into perspective, the parameters of figure
14, including the "worst case" line, have been used as a base for plotting a por-
tion of the manufacturer's experience without showing duplicate units (fig. 15).

On figure 15, units numbered 1 through 46, represent a wide range of applica-
tions including natural gas (21 units), synthesis gas (12 units), as well as CO2,
air injection and mixed hydrocarbon service. Also represented is a wide range of
service pressures from approximately 6900 KPa (1000 psi) through 72,415 KPa
(10,500 psi). The period covered is 1969 through 1983. (Since this representai on
is considered to be only an illustrative tool, later experience has not been adued.)
As noted, the unit numbers enclosed in squares or boxes represent those units which
were full load/full pressure tested prior to shipment. All other units were shipped
having received, from a mechanical standpoint, only API-617 testing. For further
reference, locations on this plot of test points A, B, and C from fig. 13 are shown.

CONCLUSION

The subject of rotordynamics and stability is a complex, technical issue made
more complex by the constantly changing users' compression requirements typical of
the multistage compressor industry. This history of development and testing serves
to demonstrate that causes of subsynchronous excitations are not particular to any
one area of compressor design; i.e., bearings, main seals, internal labyrinths,
stationary components, impeller inlets, exits, etc. Nor is the phenomenon unique
to a given configuration. Therefore, the solutions to these problems cannot be
addressed by close examination of a singular element or component of the compressor
assembly.

The described development testing and operating experience has allowed this
manufacturer to establish the analytical processes by continual data feedb@ck, as
well as to conceive and develop bearing and seal components, and aerodynamic
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concepts as necessary to address solutions to rotordynamics/stability problems.

Some industry publications (ref.'s 1, 2, 3, 4, 5, 6, 7, 8) covering a span from
1976 through to as recently as 1984, would imply to the reader that when problems
arise, solutions requiring major geometry changes to compressor shafting, cases
and stationary components are to be considered cost-effective solutions based on
current state-of-the-art of theory and application. "Cost-effective" has been
described,at least as associated with one reported incident,as between 3 million
(ref. 2) to 4 million (ref. 3) Pound Sterling.

To date, problems addressed by this manufacturer have not required the radical
solutions implied as necessary by the aforementioned references. More typical of
the manufacturer's experience is the Arun, 49,060 KPa (7115 psi) injection experi-
ence (ref. 9). Despite such successes, it has been recognized that additional
development is necessary. To this end, the test vehicle (fig. 10) has been
re-established in the test facility to enable identification and quantification
of the mechanisms leading to rotor instability.
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TABLE 1

Curve Definitions for Figures 3 and 4

Line Case (Seal) Pressure Bearing Clearance
KPa psi mm in.
A 6900 1000 0.127 0.005
B 1030 150 0.127 0.005
C 6300 1000 0.241 0.0095
D 1030 150 0.241 0.0095
TABLE 2

Vibration Ratio Comparisons
(Based on Test Data Figures 5 and 6)

1. Midspan to bearing vibration ratio at first critical speed (NC]):

tight clearance - 5.20
100se clearance -1.70

2. Tight to loose bearing clearance vibration ratio:

a. midspan vibration

at NCq - 5.20

at 12000 r/min - 0.56
b. bearing vibration

at NCj - 1.70

at 12000 r/min - 0.14



TABLE 3

Operating Conditions

Field Test
mol wgt. 11.6 11.0
Flow, m3/hr 6,540 6,610
ft3/min 3,850 3,890
Inlet pressure, KPa 1,720 1,585
psi 250 230
Discharge pressure, KPa 10,342 10,690
psi 1,500 1,550
Power, KW 10,146 10,205
bhp 13,600 13,680
Speed, r/min 10,436 11,000
Bearing span, mm 1,753 1,753
in. 69 69
Number of impellers 11 11
TABLE 4
Hydrocarbon Test Conditions
Test A B C
Gas H.C. N2 H.C.
Mol weight 34.6 28 35.6
Inlet pressure, KPa 14,135 19,300 14,135
psi 2,050 2,300 2,050
Discharge pressure, KPa 32,910 30,340 33,100
psi 4,773 4,400 4,800
Speed, r/min 8,305 8,800 8,800
Power, KW 5,425 3,540 10,986
BHP 7,273 4,746 14,726
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AN EXAMINATION OF GAS COMPRESSOR STABILITY AND ROTATING STALL

Aziz A. Fozi
Solar Turbines Incorporated
San Diego, California 92138

The principal sources of vibration related reliability problems in high
pressure centrifugal gas compressors are the re-excitation of the first
critical speed or Resonant Subsynchronous Vibration (RSSV), and the forced
vibration due to rotating stall in the vaneless diffusers downstream of the
impellers. An example of such field problems is documented in reference 1.

This paper describes the results of a test program at the author's

company, initiated in 1983 and completed during 1985, that studied the RSSV
threshold and the rotating stall phenomenon in a high pressure gas compressor.

SYMBOLS

Values are given in both SI and English units. The measurements and
calculations were made in English units.

Alpha 3  Averaged calculated one-dimensional flow angle into the diffuser
measured in degrees from tangential

b3 Inlet width of diffuser

N Speed

Ner Rigid Bearing First Critical Speed

R3 Inlet radius of diffuser

RSSV Resonant Subsynchronous Vibration or re-excitation of the first

critical speed (translatory whirl). Stability threshold means
conditions at which the RSSV becomes present.

BACKGROUND

The purpose of this test program was to study subsynchronous vibration
problems in an offshore gas compressor installation. The plan was to assemble
an identical gas compressor and run it at the same pressure and speed
conditions in order to create similar instability mechanisms that could be
studied and overcome by hardware modifications at the factory.
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AREAS OF STUDY
Tests conducted focused on:

1. Stability threshold and how it is influenced by modifications in
balance piston hardware.

2. Presence of rotating stall in parallel-wall vaneless diffusers (as a
forcing function) and how the development of rotating stall is
influenced by diffuser inlet flow angle (ref. 2).

Justification for focusing the test on the balance piston and vaneless
diffusers is provided in this section.

The frequency of the subsynchronous vibration matched the first critical
speed of the rotor. This indicated a self-excited mechanism. The compressor
was designed to operate at 3,100 kPa ab (450 psia) suction and 12,410 kPa ab
(1800 psia) discharge pressure. In practice, the compressor was limited to
11,030 kPa ab (1600 psia). Operation above 11,030 kPa ab (1600 psia) was
possible but the subsynchronous vibration would cause bearing damage
(clearance increase) within a few days.

On account of its sensitivity to discharge pressure, the cause of this
instability was thought to be aerodynamic cross-coupling rather than
mechanical, such as the influence of 0il seals. In fact, the oil seals were
not suspect since the seal o0il system was referenced to suction pressure and
was not a function of the discharge pressure.

Earlier tests conducted on a similar gas compressor at the author's
company in 1974 indicated that stability threshold can be increased by
relatively simple modifications to the balance piston flow field. The
analytical basis for this work was partially drawn from reference 3. Given
this background, the test focused on the balance piston as the major source of
excitation and its modification to extend the stability limits.

The next step was to identify the cause of vibration occurring at
frequencies lower than the RSSV component (around 65 Hz or about 20% running
speed) that had become noticeable during tests. The low frequencies involved
indicated an aerodynamic forcing function. It is well known that incipient
compressor surge is signaled by occurrence of very low frequency vibration
(less than 10 Hz is typical). As a matter of fact, during tests under
aerodynamic load such as ASME PTC-10 tests, the proximity to surge is
announced by the appearance of these low frequencies. It was thus concluded to
search for an aerodynamic forcing function as the cause of such low frequency
vibration. Rotating stall in the parallel wall vaneless diffusers was the

prime candidate. Figure 1 is a typical test spectrum where all these different
frequencies are excited.

The test program was divided into two portions. First, the effect of

balance piston flow field on stability was studied. Then, the pressure field
at the inlet of the last stage diffuser was monitored for rotating stall.
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Figure 1. Subsynchronous Vibration Spectrum

TEST PROGRAM DETAILS

Facility

Tests were conducted at the gas compressor closed loop facility of the
author's company. This facility in San Diego utilizes a 3200 kW (4300 hp)
Centaur gas turbine driver with a step-up gearbox to achieve 24,500 rpm
maximum output speed. The gases used were nitrogen or carbon dioxide.

The facility piping is limited to 10,340 kPa gauge (1500 psig) on suction
and 31,025 kPa gauge (4500 psig) on discharge. Shell and tube heat exchangers
are used to cool the compressed gas.

Compressor

Figure 2 shows a cross section of the gas compressor used for the test.
This compressor is capablie of 27,580 kPa ab (4000 psia) discharge pressure.
The rotor construction features the impellers and suction and discharge stub
shafts held together as a monolithic piece by a center tiebolt stretched to
provide 311,375 Newtons (70,000 pounds) compressive force. The rotor
configuration is straight-through, non-intercooled, with constant impeller hub
and shroud labyrinth seal diameter.

The undamped critical speed map (fig. 3) provides rotor-dynamic data. The
rigid bearing first critical speed was slightly above 10,000 rpm compared to a
typical running speed range of 18,000-23,000 rpm. The rotor weight was 55 kg
(122 pounds). Nominal bearing data follow:
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Figure 2. Cross Section of Test Gas Compressor

e Shaft Diameter 44.5 mm (1.75 in.)

* Bearing Clearance Assembled 0.0686 mm (0.0027 in.) - Diametral
¢ Bearing Preload 0.7

* Pivot Offset 0.6

e Load Position Between Pivots

* Length/Diameter 0.25

¢ Number of Pads 5

* Load on Each Bearing 271 Newtons (61 1b)

* Bearing Span 864 mm (34 in.)
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Figure 3. Undamped Critical Speed Map

A1l the labyrinths used were straight-through with the teeth on the
rotating elements. The balance piston and impeller shroud seals had a 127 mm
(5 in.) diameter. The hub seals had a 94 mm (3.7 in.) diameter. Shaft seals
were conventional oil film-type floating rings with anti-rotation pins.

Test Configurations for Stability Threshold

Three balance piston configurations were tested:

| - The Baseline Case - The balance piston flow was taken from the
last stage impeller. This is considered the conventional approach (See
fig. 4.)

Il - The 'P2 Inject’ - This configuration is the same as shown in the
cross section. The balance piston flow is derived from the discharge
cavity and the gas is injected at the third labyrinth tooth. The flow
is established because of the dynamic pressure recovery through the
last stage diffuser. A portion of injected gas will recircuiate back
into the last stage diffuser. See figure 5 for detail.

The purpose of 'P2 inject' modification is to eliminate the inlet
swirl into the balance piston which is believed to be a strong source
of aerodynamic cross coupling forces. Reference 4 is cited here as one
of the recent sources of analytical justification for this phenomenon.

23



Z

AV Py \

\<E§QEE§EQ§ BALANCE PISTON
LEAKAGE FLOW (Qp)

14455::;’TOSUCHONP1
~

\ |

on ( 0

Figure 4. Conventional Balance Piston Flow
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Figure 5. Balance Piston Flow with Pz-Inject Modification

Some thought was given to direct the 'P2 inject' flow against the
rotation to delay the re-establishment of tangential velocity field in
the balance piston due to viscous forces. However, the available
anti-swirl gas velocity at the injection point appeared to be
insufficient to derive any significant results.

i1l - The 'Hub Seal' - This case was a simplified approach where the
balance piston flow is derived from the discharge collector, the last
impeller being isolated with a seal at the hub. Thus, the impeller
induced swirl is avoided. Figure 6 shows the mechanical details.
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Test Configurations for Rotating Stall

Tests were conducted with two diffusers having inlet width-to-radius
ratios (b3/R3) of 0.029 and 0.043 respectively, and results were compared to
the criteria proposed in refs. 2 and 5. Figure 7 gives dimensional data for
the two vaneless diffusers tested. Note that the only difference between the
two geometries is in the inlet width (b3).

—J\ //-]: E.G.V.

@ Normal

2 Diffuser Flow (b3) TEST #1 = 0.170 in.

o \ (b3) TEST #2 = 0.115 in.
Qg§ 23 R3 = 3.90 in.

f ) AT T

40-168A

Figure 7. Vaneless Diffuser Geometry

Tests consisted of operating at any constant speed and traversing the
compressor operating map from choke towards surge. The diffuser inlet flow
angle (Alpha 3) was calculated in real time and displayed. Formation of stall
cells was monitored by pressure transducers and data points were recorded as
stall cells developed and changed in shape.
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Instrumentation

The instrumentation used included single- and two-channel FFT spectrum
analyzers, a l4-channel tape recorder, and speed tracking balance analyzer.
The stall cells were detected by quartz crystal dynamic pressure transducers
connected to charge amplifiers displayed on dual trace camera oscilloscopes.

Although one transducer is sufficient to detect the presence of pressure
fluctuations (stall), with two transducers the number of stall cells can be
calculated based on the observed phase difference between the two signals. See

reference 5 for details. Figure 8 shows a detail of the transducer
installation.

Figure 8. Pressure Transducer Installation at Diffuser Inlet

Oscilloscope traces presented later are numbered 1 and 2 in the direction
of rotation to show phase. The typical amplification factor was a 690 kPa ab
(100 psia) dynamic signal per volt, or as indicated on the pictures. The

horizontal (milliseconds) and vertical {volts) scales are annotated on these
pictures for reference.

The time scale selected favored detection of low frequency signals in the
area of 10 to 100 Hz. With this scale, the blade passing frequency at about
6000 Hz is compressed on the oscilloscope trace and is not system noise.

TEST RESULTS

Stability tests concentrated on establishing the threshold at which the RSSV
component appeared on the spectrum of shaft vibration at either bearing
Tocation. The threshold was established in terms of operating pressure and
speed conditions and compared to the criteria proposed in reference 6, namely
P2 x (P2-P1), herein referred to as P2 Delta P.

Tou
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10).

A peak-to-peak shaft vibration amplitude value of 1.27 to 2.54 microns
(0.05 to 0.1 mils) was selected as the threshold limit. The results indicated
that the P2-inject (Case II) provides better stability than the hub seal (Case
III), which itself is an improvement over the baseline (Case I) (figs. 9 and
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Figure 9. Stability Threshold of Base Case (Case I)

Case | - The stability line for Case I shows the limit where the RSSV
component grows to about 1.27 to 2.54 microns (0.05 to 0.1 mils)
peak-to-peak. This line is viewed as analogous to a P2 Delta P range of
1 to 2.5 x E6 (psia square) (fig. 11).

Case Il - The P2 inject configuration was stable throughout the

tested region. Temperature 1imits of the facility were reached in every
case before any evidence of RSSV was observable. Test facility
vibration analyzers were set to high sensitivity to detect the onset of
RSSV activity; however, none was detected.

Case Il - In figure 10, the hub seal stability limit shows
considerable improvement over Case I, comparable to a P2 Delta P range
of 4 to 7 x E6. The elimination of impeller swirl at the inlet of the
balance piston is thought to be responsible for the improvement.
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Two observations were made during these tests:

1. The stability threshold for each configuration was defined as a
function of suction pressure and pressure ratio, and this threshold was
not dependent on the staging selection or speed. It was found that when
running on natural gas (S.G. = 0.75) the threshold was the same as when
running on nitrogen, although at different speeds. Likewise, two
compressors running on the same gas but staged differently (ten stages
versus seven stages) gave identical results regardless of speed.
(Typical variation: 18,000 versus 21,000 rpm.) This was also
noticeable when examining the threshold lines that were obtained in two
parts, low suction pressure/high ratio running on carbon dioxide and
high suction pressure/low ratio running on nitrogen. The threshold was
a continuous line. This led to the conclusion that the speed was not as
strong a stability indicator as expected.

2. The RSSV frequency showed dependence on the density of the gas, as
evidenced implicitly in the following table:

Pl kPa ab (psia) Ratio P2 kPa ab (psia) Ncr (Hz) Gas
1,089 (158) 5.8 6,323 (917) 132.5 co2
1,765 (256) 5.2 9,177 (1,331) 135.0 €02
2,068 (300) 4.8 9,929 (1,440) 145.0 C02
3,585  (520) 3.2 11,473 (1,664) 150.0 N2
4,591 (666) 3.0 13,776 (1,998) 152.0 N2
4,964 (720) 2.8 13,900 (2,016) 155.0 N2
5,633 (817) 2.5 14,079 (2,042) 157.5 N2
6,426 (932) 2.2 14,134 (2,050) 160.0 N2

This dependency suggests that labyrinth seals have direct stiffness
terms that tend to restore the deflection of the shaft, thus, raising
the first critical speed. As the density of the compressed gas
increases, the restoring forces become large.

ROTATING STALL

Test Results

The tests showed that the low frequency vibrations on the shaft were
indeed induced by rotating stall. Figure 12 shows a case where one stall cell
at 65 Hz was observed. The transducer separation in this case was 75 degrees.
The 300-Hz signal corresponds to shaft rotation at 18,000 rpm, while the
jitter corresponds to blade passing frequency at 18 times running speed.

The test verified the criterion for the onset of rotating stall as being

the b3/R3 ratio versus the diffuser gas inlet angle (Alpha 3), as described in
references 2 and 5. See figure 13.
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Figure 13. Rotating Stall Criterion, b3/R3 versus Alpha 3

First, the ratio of b3/R3 of 0.043 was tested. Figures 14, 15, and 16 show
the development of rotating stall as the Alpha 3 angle was reduced from 9.2
degrees to 7 and then to 5.6 degrees [P2 is at 5068 kPa ab (735 psia)]. The
threshold value was obtained at 8.25 degrees, corresponding to the
oscilloscope trace in fig. 17. This figure shows the unsteady pressure field
as stall develops and dissipates.

For a diffuser b3/R3 ratio of 0.029, a critical alpha angle of 7.5 degrees
was obtained. The calculation procedure for alpha angles was based on one-
dimensional flow field analysis. The Reynolds number correction was not
considered in view of the small b3/R3 values of these tests.
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Figure 14. Steady State Pressure Field Prior to Rotating Stall

Figure 15. Rotating Stall, Two Cells at 56 Hz Rotational Speed

This correlation between low frequency shaft vibration and rotating stall
helped interpret results of another investigation. Low frequency vibration was
noted when operating a larger frame gas compressor on a particular area of its
operating map close to surge. However, careful operation showed that the unit
was not at surge and that the amplitude of vibration would actually decrease
as flow was lowered to the surge line. (See the performance map in figure 18).

The impeller diameter of this compressor was 305 mm (12 in.) with a b3/R3
ratio of 0.0815. The last stage diffuser flow angles were calculated and drawn
on the performance map. The appearance of vibration closely matched the onset
of rotating stall predicted at an Alpha 3 of 11.3 degrees. It is interesting
to note the high amplitude of vibration at 8 Hz (single stall cell) compared
to 16 Hz (two cells) which apparently indicates the cancellation effect of an
even number of stall cells.
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Figure 16. Rotating Stall near Surge

Figure 17. Threshold Where Stall Cell Appears and Dissipates
CONCLUSION AND COMMENTS

The balance piston is a strong excitation source of instability, and
modifications to the inlet swirl have great effect in extending the operating
limits of the gas compressor. For any given compressor configuration, the
stability 1limit may be defined in terms of suction pressure versus pressure
ratio. The P2 Delta P as a function of the critical speed ratio N/Ncr is a
useful index but it over-emphasizes the speed sensitivity. Lastly, the
rotating stall criterion of Alpha 3 versus b3/R3 was confirmed.
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SUBSYNCHRONOUS VIBRATION OF MULTISTAGE CENTRIFUGAL
COMPRESSORS FORCED BY ROTATING STALL

J.W. Fulton
Exxon Research and Engineering Co.
Florham Park, New Jersey 07932

A multistage centrifugal compressor, in natural gas re-injection

service on an offshore petroleum production platform, experienced
subsynchronous vibrations which caused excessive bearing wear. Field performance
testing correlated the subsynchronous amplitude with the discharge flow
coefficient, demonstrating the excitation to be aerodynamic. Adding two
impellers allowed an increase in the diffuser flow angle (with respect to
tangential) to meet the diffuser stability criteria based on factory and field
tests correlated using the theory of Senoco (for rotating stall in a vaneless
diffuser, Ref. 1). This modification eliminated all significant subsynchronous
vibrations in field service, thus confirming the correctness of the solution.
Other possible sources of aerodynamically induced vibrations were considered,
but the judgment that those are unlikely has been confirmed by subsequent
experience with other similar compressors.

INTRODUCTION

This paper describes the joint efforts that a manufacturer and a user

made to solve a vibration problem. The vibration was caused by a rotating
aerodynamic stall, which created a forced vibration of the rotor resulting in
reduced bearing life. The compressor operates at a high pressure typical of
natural gas re-injection service. The primary objective of this paper is to
provide sufficient engineering information to be useful to others faced with
similar problems, in the field, and during design. This objective includes
relating the observed phenomena with theories of rotating stall. A secondary
objective is to caution purchasers and users of high pressure centrifugal
compressors about the potential consequences of rotating stall.

The paper is written from the equipment user’s point of view, however
it contains technical input from the manufacturer. Except as noted, the
calculations of internal flow angles were made by Leon Sapiro of Solar Turbines
Inc., who also contributed many valuable insights, and played a major role in
solving this problem. Research by the manufacturer is reported in another paper
presented at this workshop by Fozi (Ref. 2)

The main parts of the paper describe the following: the equipment, the
vibration and its consequences; the method of field diagnosis; the internal
analysis to identify the components responsible; the solution and results; an
evaluation of the possible causes, including information from a similar case;
and finally an empirical guideline indicating when serious vibrations will
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result from rotating stall.

SUBJECT COMPRESSOR RE-INJECTS NATURAL GAS

The problem occurred on the high pressure casings of seven compressor
trains used on four oil production platforms located in the South China Sea.
Three of the platforms have two trains while the fourth has a single train. The
manifestations of the problem were the same on all high pressure casings. The
designs of three pairs of trains were similar. The fourth pair of trains were of
an earlier type design, which had 178 mm (7 inch) diameter impellers, instead of
the 190 mm (7.5 inch) impellers of all the rest. One train, of the newer design,
was chosen as a prototype to concentrate efforts toward a solution.

Figure 1 shows the rated conditions of the chosen train. Natural gas,
separated from the crude oil produced, enters the low pressure casing at 2070
kPa (300 PSIA). The high pressure casing takes suction at the interstage
pressure of 5850 kPa (860 PSIA) and discharges the gas at 14480 kPa (2100 PSIA),
to the re-injection wells.

CHARACTERISTICS OF THE VIBRATION

Figure 2 shows the vibration spectrum taken from the shaft proximity
probe mounted vertically at the discharge end bearing. The subsynchronous
vibration is typical of our case; 33 microns (1.288 mils) peak-to-peak at 27.5
Hertz. The 307 Hertz component is at running speed. All the spectra in this
paper, unless otherwise noted, use 16 averages, to give representative
amplitudes. The amplitude of the subsynchronous vibration fluctuates
appreciably.

The operating conditions for Figure 2 were practically at the rated
point of the high pressure casing; the speed 18420 RPM, the suction volume flow
470 cubic meters per hour (277 ACFM), and the suction and discharge pressures
6100 and 14600 kPa (885 and 2121 PSIA) respectively. The molecular weight was
21.4 averaged from several gas samples, compared to 24.0 rated.

The subsynchronous vibration frequency is about 9 percent of RPM,
which is typical of the aerodynamically forced type. Bonciani and his co-workers
(Ref. 3) provided some of the first descriptions of shaft vibrations in high
pressure compressors which were attributable to rotating stall. A comparison of
their spectra to Figure 2 showed that it was similar. They emphasized that
rotating stall caused a forced subsynchronous vibration as opposed to its being
a self-excited resonant subsynchronous vibration.

Figure 3 shows the vibration spectrum taken at the suction end bearing.
These data were collected concurrently with Figure 2. The suction end
subsynchronous vibration levels were less than 12 microns (0.5 mils) for all
operating conditions tested.
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The low pressure casing also showed traces of subsynchronous vibration
at frequencies associated with "aero-forced" vibration. Figure 4, which uses a
logarithmic scale to make the small amplitude vibrations appear more
prominently, shows two such frequencies, one with an amplitude of 2 microns
(0.08 mil) at 25 Hertz, and another (not marked) next to it with a frequency of
55 Hertz. (The other subsynchronous peak, marked 0.1 mil at 145 Hertz is at a
frequency near the first lateral critical speed of the rotor and is probably a
"self-excited" vibration.) The subsynchronous vibration of the low pressure
casing was always small in amplitude.

CONSEQUENCES OF THE VIBRATION

The subsynchronous vibration was not limited to the 33 microns (1.288
mils) shown in Figure 2. As running time increased the vibration amplitude at
the discharge end bearing would increase to the 50 micron alarm level and on to
the 63 micron protective shutdown. Forced shutdowns resulted, requiring
discharge bearing replacement before starting up again.

To put the magnitude of the problem in proper perspective, it must be
pointed out that the subsynchronous vibration was sufficiently limited in
amplitude to allow commissioning and operation of the compressor without
incident, except for abnormal bearing wear requiring frequent bearing
replacement. From the equipment operator'’s viewpoint, the consequences of such a
non-resonant forced response are less severe than the resonant and self-excited
type of subsynchronous vibration, which can have a catastrophic consequence on
operability. (For instance see Ref. 4.)

Bearing Wore at Pivot Pins

Figure 5 shows the bearing wear pattern. The pivot pin, which supports
the pad in the carrier, wears into its mating surface in the back of the
bearing pad. The extent of the worn area matches the length of the pin. The
depth of the wear into the pad was typically 25 microns (1 mil) on the most
severely worn pad, as found when the bearing was removed due to excessive
subsynchronous vibration. The overall diametral clearance typically increased to
approximately 4 mils at that time compared to the 2.7 mils maximum allowable
clearance for a new bearing.

Primarily as a result of the subsynchronous vibration causing bearing
wear, the median bearing life was 1000 hours (with a minimum of 88 and a maximum
of 2200 hours) for all seven high pressure casings, during the year this problem
was under study. This impacted adversely on the availability of the compressor
trains and justified considerable effort for correction.

The increase in vibration due to bearing wear can be related to a
corresponding reduction in bearing stiffness and damping. The bearing would wear
to approximately 4 mils (before a bearing change was required), causing the
stiffness and damping of the bearings to decrease substantially. The reduced
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stiffness allowed the subsynchronous vibration amplitude to increase
correspondingly. The manufacturer has performed rotor response analyses which
show a 4.4 times increase in response sensitivity when the bearing clearance is
increased from 2 to 4 mils (diametral). This reduced stiffness allowed the
once-per-revolution component to increase as similarly, but the effect is not so
pronounced here because the ratio of increase is partially masked in this case
by the presence of a spurious amplitude due to shaft imperfections adding to the
once-per-revolution component.

Problem Associated with the Discharge End of the High Pressure Casing

The bearing wear-out, due to the fretting of the tilting pads at the
pivot pins, occurred predominantly on the discharge end of the high pressure
casing. The subsynchronous vibration also occurred predominantly on the
discharge end, as can be seen by comparing Figures 2 and 3. A detailed
investigation, including metallurgical laboratory studies of the worn bearings,
did not reveal any other supportable cause of the pivot fretting. The suction
end pivots did not wear out prematurely.

The bearing life of the low pressure casing has not been a problem.
Although detailed records were not kept in the absence of any problem, at least
one of the low pressure compressors is still using its original bearings after
17000 hours of service. As the low subsynchronous vibration amplitudes of Figure
4 Are typical, the correlation of pivot wear with high subsynchronous vibration
amplitudes is thus complete.

Damage Criteria

Because the subsynchronous vibration occurred at low frequency, the
shaft vibration velocity, due to this component, was low (about 3.5 millimeters
per second, equal to 0.14 inch per second) compared to the 6.3 mm/s (0.25
in./sec.) maximum acceptable for a compressor in good condition. Therefore the
manufacturer initially believed that the subsynchronous vibration was not
harmful. The manufacturer placed a filter in the vibration monitor system of
one of the other compressors of similar design to suppress the subsynchronous
vibration signal. Since the compressor was no longer limited by the vibration
shutdown from running with high levels of subsynchronous vibration, the result
(due to bearing wear) was an increase in both the subsynchronous vibration and

the once per revolution vibration, which eventually caused excessive labyrinth
wear.

The API 617 limit on non-synchronous components of shaft displacement
amplitude (peak-to-peak) specifies that the subsynchronous vibration be less
than 4 microns (0.16 mils); the specification limits such components to 10
percent of the overall allowable vibration. The overall allowable vibration in
mils equals the square root of [12000 / maximum continuous RPM]. This limit is
safe, based on the good experience with the low pressure casings.
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Damage Mechanism Hypothesis

The mechanism of the bearing pivot-pin wear is believed to be caused by
the subsynchronous vibration breaking down the load-carrying oil film between
the pivot-pin and the back of the bearing pad. The subsynchronous vibration
tends to hold the the pad against its pivot, thus squeezing out the oil film,
while the once-per-revolution component causes the fretting motion. The cause
of the fretting is analogous to the wear that occurs on a reciprocating
compressor wrist pin having no load reversal.

FIELD DIAGNOSIS

In the field or in testing compressors purchased for a commercial
project, transducers for dynamic pressure or velocity usually can not be placed
inside the casing. Therefore, diagnosis of aerodynamically induced
subsynchronous vibration outside the research laboratory must depend on analysis
of commonly available data such as vibration or pressures, temperatures and
flows measured outside the casing flange boundaries.

Spectral Characteristics

Field diagnosis is simplified by the distinctive patterns observable in
the spectrum. In most cases reported in the literature, rotating stall in stator
components has occurred at 4 to 20 percent of RPM. With the spectral analyzer in
the real time mode, it can be seen that the component frequency is not locked on
to an exact fraction of the rotor speed, but fluctuates slightly, as does the
amplitude. In the present case, many distinct frequencies could be produced at
will by varying the flow slightly at constant speed. For instance, decreasing
the flow from 593 to 562 cubic meters per hour (349 to 331 ACFM) caused the 27.5
Hertz component to split into 12.5 and 40 Hertz components. This phenomena is
believed to be due to different numbers of stall cells forming in various
stages, but without transducers inside the casing, neither the exact number of
cells nor their location can be identified.

Correlation with Flow Coefficients

Once the spectra identified the nature of the problem, we took the
second step essential in diagnosis of an aerodynamic stall problem. An
aerodynamic performance test was made at full pressure, speed and gas density,
measuring the subsynchronous vibration at each point, so that the
subsynchronous vibration could be correlated with the performance. The good
correlation of subsynchronous vibration with the flow coefficient (proportional
to volume flow divided by RPM) showed that the vibration was aerodynamically
induced. Later, the results of this test were used to calculate the internal
flow angles occurring at the inception of the subsynchronous vibration.

The results of correlating subsynchronous vibration with the flow
coefficients from the field test are shown in Figures 6 and 7. Figure 6 shows
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that the subsynchronous vibration correlates very well with the discharge flow
coefficient (based on the discharge flange volume flow). Figure 7 shows that the
subsynchronous vibration correlates less well with the suction flow coefficient.
The two flow coefficients do not form a constant ratio to each other, because
the test was run at two different speeds, causing the volume ratio across the
compressor to vary at similar inlet flows. The result of this difference in
volume reductions can be seen in Figure 7, where the 17200 RPM data (squares)
forms a distinctly different curve from the 18450 RPM data (circles). The better
correlation at the discharge end suggests that the suspected stall is in the
final stages instead of the initial stages.

The rated flow is indicated on the flow coefficient scale of Figures 6
and 7. It can be seen that the subsynchronous vibration, which is usually
associated with operation near the compressor surge line, begins in this case at
flows over thirty percent larger than rated (suction basis).

The theory that the final stages are responsible is supported by the
predominance of the subsynchronous vibration at the discharge end compared to
the suction end. Other investigators (Ref. 3) have used asynchronous vibration
response calculations to help identify the location of the stalled stage by
comparing the ratio of the subsynchronous vibration at the suction and discharge
ends.

INTERNAL ANALYSIS

The result of the field diagnosis was a correlation of the
subsynchronous vibration with the exit flow coefficient. Although this
demonstrates the cause to be aerodynamic, further analysis is required to
determine which component is responsible. The basic strategy for identifying the
component is to calculate the flow angles inside the compressor, for the flow
measured in the field at the inception of the subsynchronous vibration. These
calculated flow angles must then be correlated with the critical flow angle for
rotating stall of each of the suspected components. The critical flow angle for
rotating stall must be known from calculations based on theory, or from
empirical correlations made when sufficient transducers were installed in the
compressor flow passages to identify the component which initiated the rotating
stall. Even with extensive internal instrumentation, it is not a trivial problem

to prove which component is responsible for the rotating stall, as is apparent
from References 5, 6 and 7.

Based on internal instrument measurements in another compressor at the
manufacturer’s plant (Ref. 2), the prime suspect was rotating stall in the
diffuser. Other possibilities concerned us, especially rotating stall due to the
deswirl vanes after the diffusers, based on a paper by Bonciani (Ref. 8). This
and other possible causes of the subsynchronous vibration will be discussed
later in this paper. Figure 8 is a cross section of the discharge end of the
subject compressor, showing the vaneless diffusers and the deswirl vanes.
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Internal Transducer Test Results

The manufacturer tested the other compressor at the factory, with
pressure transducers mounted in the last stage diffuser, using full pressure in
a closed loop (Ref 2.) Full gas pressure, or more fundamentally, full gas
density, is necessary to produce the same gas forces and thus the same shaft
vibrations as observed in the field. Of course the same conditions of dynamic
similitude (mainly volume flow to speed ratio and volume reduction across the
casing) must be observed, as in performance testing, to produce the same flow
angles throughout the compressor. Oscilloscope traces of pressure fluctuation
versus time from the two transducers are interpreted in Figure 9 for two
different flows. At the higher flow, the trace shows mainly high frequency flow
noise and impeller vane passing frequencies. As the angle of flow into the
diffuser is reduced, with respect to tangential, an 8 psi (peak-to-peak) stall
cell is formed. The 75 degree angle between the two transducers shows that a
single cell is rotating in the same direction as the shaft. The frequency of the
propagation is 10 Hertz (labeled 1/1800 RPM). Although not shown here, as the
flow is further reduced to a flow angle of 6.5 degrees, the stall forms two
cells of unequal pressure with 80 psi (p-p) at 37.5 Hertz.

Senco's Theory

This onset of diffuser stall can be correlated to the diffuser inlet
flow angle, for a given diffuser aspect ratio b3/R3 (see definitions). Kinoshita
and Senoo give such a correlation (Ref. 9), as do Ligrani, Van Den Braembussche
and Roustan (Ref. 10). As can be seen in Figure 10, these correlations are very
similar and practically identical in our range of interest. These correlations
are based on theoretical calculations and compare favorably to empirically
determined stability thresholds reported in the literature. Other factors having
a secondary influence are radial and tangential distortion of the inlet flow
from the impeller, plus the Mach and Reynolds numbers, all of which have been
quantified in a theoretical investigation (Ref. 11).

The points labeled with the subsynchronous vibrations amplitudes in
Figure 10 compare the last diffuser inlet flow angles, near the inception of
subsynchronous vibrations, to two rotating stall criteria. Several points at
various flow angles are shown to allow the reader to evaluate the inception
point versus the level of vibration he considers significant. Presuming, on the
evidence above, that the stall is occurring in the last stage, the agreement is
fair. Choosing the smallest vibration shown (5 microns or 0.19 mils) as the
inception point, results in the criteria being optimistic by nearly four
degrees, with the actual inception occurring at 13 degrees versus 9 predicted.

These flow angle calculations, for the last stage, were made by the
author, based on the performance test data from the field. One dimensional
compressible flow calculations were used, knowing the state and flow at the
discharge flange, the geometry of the impeller tip plus diffuser, and the
impeller speed. The diffuser static pressure recovery coefficient was estimated
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at 0.46, the slip factor at 0.88, and the impeller tip boundary layer
(displacement) blockage at 0.95. Labyrinth leakages were calculated. In this
compressor, flow is drawn off before the discharge flange and injected into the
balance piston labyrinth two teeth away from the last impeller. The draw off and
the flow up the back of the impeller, as well as the flow from the tip down the
shroud to the eye were accounted for. This calculation method reflects actual
volume ratios, but is only possible for the last stage. The vendor used an
internal flow analysis refined by many factory tests to calculate the other flow
angles quoted in this paper; these were not adjusted for the minor differences
in observed volume ratio, but are reliable by virtue of extensive and critical
use. The vendor'’s flow angles were smaller by typically two degrees, thus
agreeing with the stall criteria more closely, being about two degrees larger
than the predicted critical angle, for the last stage.

The mechanism of rotating stall in a vaneless diffuser is due to
unsteady flow in local areas of the diffuser. According to Senoco, it is a
phenomena of the boundary layer flow along the diffuser walls. Figure 11 shows
the behavior of the boundary layer on the diffuser walls at the threshold of
stability according to the theoretical model of Reference 1. The flow angles of
the core flow and the boundary layers on the diffuser walls (the walls are
identified with respect to the disk and shroud of the preceding impeller) are
plotted as a function of the ratio of the local radius to the diffuser inlet
radius. The flow angles are defined so that a purely tangential flow would have
an angle of zero. It can be seen that, at first, the disk-side boundary layer
reverses direction and "falls" back toward the impeller under the influence of
the adverse pressure gradient normally existing in the diffuser. Then further
along, the shroud-side boundary layer falls back. Reference 1 states "... a
reverse flows occurs on the two walls alternately. Such a phenomena has not been
observed in two-dimensional or conical diffusers and intuitively it is difficult
to understand. The phenomena is related to the complicated nature of the flow,
where the two wall boundary layers exchange momemtum so that each boundary layer
satisfies the equations of motion in the radial and tangential directions which
include the centrifugal force and the wall friction force."

Just as a reminder, rotating stall is not the same as a complete
breakdown in flow, which would cause compressor surge. When compressor surge
occurs, all areas of the flow reverse. (The flow meter upstream of the suction
flange will momentarily show zero flow during a full surge cycle.) For Figure 11
the core flow is still carrying a net flow in the normal direction.

FLOW ANGLES INCREASED BY ADDING STAGES

To solve the rotating stall problem the manufacturer re-staged the high
pressure compressor from six impellers to eight, causing the operating point to
be much further from surge. This was done by adding two standard modular stages
having a reduced design flow coefficient. The new staging caused the flow
angles in the diffuser to be more radial, thus avoiding the critical angle for
diffuser rotating stall. Another possibility, stall due to the deswirl vanes,
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was addressed as a contingency measure, and will be discussed later.

Table 1 compares all stages of the original and re-staged high pressure
casing to a diffuser stability criterion used by the manufacturer. The
manufacturer’'s flow angles, from an internal flow calculation, are used as well.
This criterion is identical to van den Braembussche (Ref. 10), except that 2
degrees are added to the criterion for the last stage, to account for its
observed sensitivity. The row labeled "stall" indicates whether each stage is
expected to experience diffuser rotating stall at the rated conditions. A dash
indicates that the stage is at the threshold of stall.

The flow angles entering the diffuser are given first for the original
design at rated flow. The original design had six impellers and diffusers. The
flow entered the first diffuser at an actual angle equal to eight degrees. The
next stage was a narrower type, which causes the flow angle to be larger, here
eleven degrees. The succeeding four diffusers were the same width as well, and
the flow angle decreased one degree per stage, due to the compression of gas.
The stall criterion angle is twelve degrees for the first diffuser, which is the
wider. The criterion gives ten degrees for the stages two through five, which
all have the same width. Even though the last stage width is the same as the
preceding stage, its criterion is two degrees larger, based on the factory test
of the internally instrumented compressor. The actual angles of stages one,
four, five, and six fall below the criterion, indicating rotating stall in those
stages. The forces due to the stall increase with pressure. Thus the stall
induced vibration is predicted to predominate on the discharge end of the
compressor.

The solution to the rotating stall was to re-stage by adding two
impellers and diffusers. These had narrower flow passages than the preceding
stages, thus giving larger flow angles. At rated flow, the actual flow angles
for the new stages seven and eight are thirteen and twelve degrees respectively.
Because the load is now shared by more impellers, the first six now operate at a
somewhat larger flow coefficient. As a result, the actual flow angle increases
three degrees on average for the first six stages, compared to the original
staging. Now the actual angles exceed the criteria for all stages except the
first. Stall of the first stage was not readily avoidable with the staging
available, and was accepted on the basis that subsynchronous vibration had not
been a practical problem on the suction end of this compressor.

One unusual aspect of the staging used should be mentioned, because it
helps explain why these stages exhibit rotating stall at flows considerably in
excess of rated flow. The diffuser width is 26 percent greater than the impeller
tip width for the stage designated type "A" stage and 15 percent on the type
"R", The extra width of these diffusers, compared to more conventional designs,
causes the flow angles to be more tangential, and thus more prone to rotating
stall. Narrower diffusers are now being manufactured for the high pressure
casings on the other three platforms. Among other manufacturers throughout the
industry, typical re-injection compressor practice is to design the diffuser
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widths in the order of O to 35 percent less than the impeller tip width.

Results of Re-Stage

The results of the design change were completely successful, as shown
by the spectra in Figure 12. The re-stage reduced the subsynchronous vibration
to only 2 microns (0.07 mil) at 45 Hertz. These spectra were taken at more than
rated pressure and near the actual surge line, which was determined during this
test. Operation at 2500 psi discharge pressure and near surge was made as a
proof test. No significant subsynchronous vibration was evident at stall
frequencies (or any other frequency) on the high pressure casing. Previously
2100 psi with a larger margin to surge had been the limit.

One year (8000 hours operation) has now passed without any indication
of reoccurrence of the bearing wear-out problem. Previously 2200 hours

operation was the longest bearing life.

SUBSEQUENT CASE CORRECTED BY NARROWING THE DIFFUSERS

After the re-stage, two other compressor trains from the same
manufacturer having the same design and frame size were purchased. The train
layout was the same as Figure 1; the internal design of the high pressure casing
the same as Figure 8. Because of the previous experience, the specified
performance test (American Society of Mechanical Engineers Power Test Code - 10)
was conducted as near to rated pressure as possible, to detect any significant
subsynchronous vibration forced by rotating stall.

Both the high and the low pressure casings of both trains showed
vibration typical of rotating stall. On the low pressure casings, the
subsynchronous vibration was within the API 617 limit of 3.7 microns (0.15 mils)
when operating at rated pressure. On the high pressure casings the
subsynchronous vibration was near the API limit, even though the suction
pressure of the test was approximately half the rated pressure. Correction was
required because there was no way to demonstrate, due to suction pressure limits
with this test facility, that the vibration at full suction pressure would be
within the API limit. To move the stall inception point to lower flows, the
manufacturer installed narrower diffusers in all stages of the high pressure
casings.

Table 2A lists the vibrations observed, while Table 2B lists the flow
angles of the stage presumed stalled, and the flow as a percentage of the surge
flow. In both tables column "A" is the point that encroached on the API limit.
Columns "B" are for a flow 29% above surge, near rated flow, which was 32% above
surge. Column "B" of Table 2B predicts stall, with the fifth stage 0.9 degrees
below the critical flow angle; small stall induced vibrations resulted. The
second compressor was not tested with wide diffusers. Column "D" shows that

narrow diffusers on the first compressor moved the stall inception from 29% to
19% above surge flow .
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The second compressor, with narrow diffusers, had larger subsynchronous
vibrations than the first did with wide diffusers, as shown in column "E".
However the narrow diffusers on the second restricted the flow where large
vibrations occurred to 13% above surge, allowing the surge protection system
settings to exclude this stall from the operating range. The inception point,
column "F", shows that the stall criteria predicted the stall should not occur
for another 0.4 degrees.

The aerodynamic performance was practically unaffected by the narrower
diffusers. The head and efficiency were unchanged at the rated point. The head
versus flow curve was only slightly changed. Examining the row "Rated flow %
above surge" shows that the surge flow is unchanged between columns "A" and "D";
thus surge was unchanged by the narrower diffusers in this case.

Table 3 shows the ratio of the diffuser width (b3) to the impeller tip
width (b2) for both the original and revised diffusers. The original diffusers
were unusual in being wider than the impellers, with the last stages, which are

of a lower specific speed, having the largest ratio. The revised diffusers have
a uniform ratios of ordinary proportions.

That the narrower diffusers were successful in eliminating rotating
stall in this case is significant. Manipulating the principle variables,
diffuser inlet flow angle and diffuser aspect ratio (b3/R3), while making no
other changes, supports the theory that the stall criteria in Figure 10 is
sufficient to predict diffuser rotating stall inception, (accounting, where
necessary, for inlet flow distortion plus Mach and Reynolds number effects.)
Other theories were considered, as discussed below, but an evaluation was
difficult without the evidence from the narrower diffusers.

WAS DIFFUSER STALL SOLELY RESPONSIBLE?

Both the stator and the rotor can be responsible for rotating stall
phenomena in centrifugal stages with vaneless diffusers (Ref. 5 and 6.) Frigne
and Van Den Braembussche found five distinct stall characteristics in one single
stage test compressor, three due to the impeller and two due to the diffuser.
Table 4, adapted from their work (Ref. 6) summarizes these characteristics.
Stator components other than the diffuser alone can have an influence, as we
shall now discuss.

Influence of Deswirl Vanes Considered

Careful experiments by Bonciani and Terrinoni (Ref. 8) have shown
that, in some industrial centrifugal compressor configurations, rotating stall
type pulsations in the diffuser area can be induced by the return vanes
interacting with the flow. The critical incidence angle with respect to the
leading edge of the return vane mean camber line was found to be 6 to 8 degrees
for the particular stages tested (defined so the incidence is increasing with
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decreasing flow).

A photograph of the return vanes, taken during the re-staging of the
South China Sea compressor, is given in Figure 13 to show the form of the vane
leading edges, which are of a type tolerant to a wide range of incidence. Figure
14 shows the incidence angle, with respect to the leading edge mean camber line,
for the fifth stage before re-staging. As can be seen, there is no stall induced
vibration for incidences less than 11 degrees, and strong vibrations do not
appear until the incidence exceeds 15 degrees. The incidence angles for the
preceding stages are similar. No change was made to these vanes, because the
vendor did not believe the return vanes were the cause of the rotating stall,
Although the re-stage reduced the incidence angle by about two degrees, the
angle at the return vanes still greatly exceeded the 6 to 8 degree criterion for
rotating stall. Therefore violating this criterion does not cause stall in our
case. Perhaps differences in stage geometry, compared to Reference 8, invalidate
applying this particular incidence criterion.

Exit Vanes Modified

The last stage has 12 exit vanes, axially configured, indicated as the
second set of "deswirl vanes" from the left in Figure 8. A cross section of two
of these vanes, drawn to scale for both profile and spacing, is shown in Figure
15. The vanes are required for structural strength, and are not expected to
recover any significant amount of energy from the gas tangential velocity before
passing the flow to the discharge collector. The incidence angle on them was
quite high, being 21 degrees at the rated point, shown as "I" in Figure 15. Due
to some concern about the vane stall theory mentioned above, and because nothing
was lost by doing so, these vanes were modified to blunt struts, as shown. The
elimination of a definite leading edge, and of any flow turning capability,
removed all possibility of the influence of these vanes on rotating stall.

The exit vanes were not made blunt on the subsequent case of rotating
stall, corrected by narrowing the diffusers. As discussed, narrowing the
diffusers, only, was sufficient to eliminate the stall. The incidence angle on
the exit vanes was only slightly improved over the case in the previous
paragraph. Therefore we conclude that the poor incidence on the exit vanes did
not cause the stall.

Inducer Stall Criteria Respected

Following the argument of Kinoshita and Senoo in Reference 9, the
impeller inducer inlet incidence and the impeller diffusion ratio (w2/wl) were
calculated to evaluate the possibility of the impeller causing the rotating
stall. The vendor examined one case, the last stage of the high pressure casing,
the one which has 7 inch diameter impellers as mentioned earlier. The principle
difference between this design and all the others in this paper is that the
hub-to-tip diameter ratio is smaller; 0.36 versus 0.52 on the other compressor
designs. The vendor calculates that the incidence angle at the shroud is 2.5
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degrees at the rated point of the compressor train and 5.7 at surge. This
compressor vibrates due to rotating stall, with the severity increasing as flow
is decreased toward the rated point. Our incidence of less than 5 degrees makes
it unlikely that last stage impeller stall is responsible for the vibration,
based on comparison to the 12 degrees inducer incidence (at the RMS radius) at
impeller stall, reported by Frigne and Van Den Braembussche in Reference 11, and
the 13 degrees (at shroud) reported by Kammer and Rautenberg in Reference 5. The
velocity ratios (w2/wlRMS) are 1.27 at rated flow and 1.43 at surge, which
should be within the diffusion capability of the impeller.

The case where the rotating stall was moved to a predictable lower flow
by narrowing all the diffusers, with no other changes, gives additional support
to the hypotheses that inducer stall is not generally responsible for the
rotating stall induced vibrations described in this paper.

PREDICTING VIBRATION AMPLITUDES

Rotating stall should be kept out of the operating range where
practical, but in many cases this may be neither necessary nor economic. For
instance the low pressure casings discussed above have rotating stall, based on
their vibration spectra, but the vibration amplitudes are not harmful, so there
is no incentive to eliminate the stall. When purchasing a compressor there is a
need to know whether rotating stall will be a potential problem which should be
addressed before it runs at rated conditions in an operating plant. For this,
and other purposes, a criterion for the vibration amplitude due to stall is
useful.

From the equipment user’s point of view, such a criterion should
indicate where concern about stall induced vibration begins. Therefore the
criteria should err toward over-estimating the vibrations amplitude. Although
accuracy is advantageous, it is not paramount because once the concern is
raised, any particular case will have to be settled by reference to the
experience of the particular manufacturer involved. Of course some compressors
may then be found acceptable even though they exceed such a criterion.

Criqui has published an empirical criterion for the vibration severity
of rotating stall for the compressor designs discussed in this paper (Ref.12.)
His plot may not be accurate when applied to dissimilar compressor designs.
Figure 16 shows his line, with points added from the cases discussed in this
paper. The criterion predicts significant subsynchronous vibrations for stages
which operate with diffuser rotating stall (expected where the diffuser entry
flow angle fails to meet the criteria in Figure 10) and which have stage
pressure ratios and stage discharge pressures plotting above and to the right of
the line . The added points are for the compressors discussed in this paper.
These points refer to vibration above the limits of API 617, a more stringent
standard than Criqui’s line, which reflects operator complaints. His criterion
does not take into account where the particular stage is located along the
shaft, nor how many stages are stalled simultaneously.
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TESTING FOR ROTATING STALL INDUCED VIBRATIONS

Compressors specified to petroleum industry standards are not usually
tested at the manufacturer’s works for rotating stall induced vibrations meeting
the previously mentioned API limit. The API 617 mechanical test has nothing to
do with aerodynamic similtude. Nor does it specify the correct frequency range
to find most rotating stalls. The frequency range inspected is 0.25 to 8 times
running speed (API 617 item 4.3.4.4 paragraph 1.). Furthermore the usual
aerodynamic performance test, conducted according to ASME PTC-10, cannot be
expected to induce significant vibrations because it is usually conducted at
reduced pressure compared to rated. Although any stall in the flow range should
be present during a performance test, usually no internal instrumentation is
provided which would discover rotating stall.

LESSONS LEARNED

The main points of this case can be summarized as follows:

1. Tilt pad bearings can suffer premature wear-out as a result of
forced subsynchronous vibration, in spite of the relatively low vibration
velocity of the shaft motion. The displacement amplitude of the subsynchronous
vibration (0.17 mils) at the start of the wear-out process, when a new bearing
was installed (shown in Figure 6), was just slightly less than the API Standard
617 limit for subsynchronous vibration.

2. The Senoo and Van Den Braembussche criteria were closely confirmed
by both the field and the factory test correlations of subsynchronous vibration
with the diffuser flow inlet angle. When the criteria were respected, then the
subsynchronous vibration was eliminated.

3. A rated pressure, rated gas density performance test, maintaining
rated ACFM/RPM and rated volume reduction across the casing is required, if this
type of subsynchronous vibration problem is to be demonstrated during factory
testing of new compressors. The rated pressure and density are required to
produce the full subsynchronous vibration amplitude. The aerodynamic similitude
is necessary to reproduce the gas flow angles throughout the compressor as
required to respect the stall criteria.

The API 617 limits on vibration amplitude should be specified for any
such test. However, the frequency range should be revised to include frequencies
lower than the arbitrary 25 percent minimum in API 617. Both limits should be
required of field operation as well.

The subsynchronous vibration problem does not have the same
catastrophic effect on operability as does subsynchronous instability, and in
the case described in this paper, merely degraded the compressor’s availability.
Therefore the cost of such a test should be weighed against the magnitude of the
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potential problem. The empirical severity criteria may aid the evaluation.

4. Designs of new compressors should be reviewed against the rotating
stall criteria, where the stage pressure and pressure ratios approach those of
this case. Similar criteria are needed for components, other than diffusers,
susceptible to rotating stall.
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NOMENCLATURE

ACFM - actual cubic feet per minute

API - American Petroleum Insitute

b2 - impeller tip width

b3 - diffuser width at the beginning of the parallel
wall section

d - 1impeller diameter in inches

RMS - root mean square

RPM - revolutions per minute

R3 - diffuser radius at the beginning of the parallel
wall section

wl - relative flow velocity entering the impeller

w2 - relative flow velocity leaving the impeller

Flow coefficient = (700/d"3)*(ACFM/RPM)
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Calculated Diffuser Flow Angles at Rated Flow

Stage 1 2 3 4 5 6 7 8

Old Staging

Impeller Type 1C 2B 2B 1B 1B 1B

Actual 8 11 10 9 8 7

Criteria 12 10 10 10 10 12

Stall Yes No - Yes Yes Yes
New Staging

Impeller Type 1C 2B 2B 1B 1B 1B 2A 2A

Actual 10 14 12 11 10 10 13 12

Criteria 12 10 10 10 10 10 8 10

Stall Yes No No No - - No No
Table 1. Calculated Diffuser Flow Angles at Rated Flow

Subsequent Case: Wide and Narrow Diffusers

Subsynchronous Vibrations

A B c D E F
Diffuser Width Wide Wide Wide Narrow Narrow Narrow
Compressor No. 1 1 2 1 2 2
Discharge (mils) 0.14 0.04 Not 0.05 0.28 0.07
Suction (mils) 0.012 0.001 tested 0.001 0.05 0.023
Frequency (Hertz) 41 33 37 26 55
% Running speed 15.7 12.7 14.2 9.7 20.4

AGXF586-37

Table 2A.

Subsequent Case: Vibrations Observed
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Subsequent Case: Wide and Narrow Diffusers
Diffuser Flow Angles

A B (o D E F
Diffuser Width Wide Wide Wide Narrow Narrow Narrow
Compressor No. 1 1 2 1 2 2
Stages stalled 2,5 2,5 Not 2,5 2,6,7 2,7
Angle glven for stage # 5 5 tested 5 7 7
Degrees above critical -4.3 -0.9 -0.7 -2.5 0.4
% above surge flow 8.9 29 19 13 27
Rated flow ¥ above surge 32 32 32 38 38
Test point no. c40 c31 c41 fis f13

AGXF586-38

Table 2B. Subsequent Case: Corresponding Flow and Diffuser
Subsequent Case: Diffuser Width Changes
Original Diffuser | Revised Diffuser
Tip Width Ratio* | Tip Width Ratio®
Compressor 1 2 1 2
Stage
1 1.05 1.06 0.85 0.84
2 1.05 1.06 0.85 0.84
3 1.06 1.15 0.84 0.85
4q 1.06 1.15 0.84 0.85
5 1.06 1.15 0.84 0.85
6 1.15 1.15 0.85 0.85
7 1.15 1.15 0.85 0.85
‘Ratio = Diffuser Width / Impeller Tip Width
Table 3. Subsequent Case: Diffuser Width Changes
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Type
Impeller
Impeller
Impeller
Diffuser

Diffuser

Rotating Stall Characteristics

Character Amplitude®* No. of Calls Harmonics Freq. Ratio

Mild 0.065 3,4,5 No 0.14
Abrupt 0.30 1,2,3 N/A 0.26-0.31
Progressive 0.10 1,2,3 Yes 0.67-0.81
High Fregq. 0.10 3 No 0.17-0.21
Low Freq. N/A 2 No 0.13-0.16

* Amplitude (in diffuser) = (Max. Vel.) / (2°'RMS velocity

AGX586-34

Table 4.

Characteristics of the Different Types of Rotating
as Tested on a Single Impeller Air Test Facility

(Measured by Frigne and Van Den Braembussche, Ref.

Stall

6)

Gas Injection Train

INJECTION SEPARATOR

t !

RATED psia: 2100 860-| 300

RATED acfm: T 260 [ 770

!

}

3830

hp (ISO)

GAS TURBINE GEAR COMPRESSORS
18,300 rpm
(RATED)
AGXF586-1
Figure 1. Compressor Train
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Shaft Vibration Spectrum

High Pressure Discharge Vertical Probe
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N
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FREQUENCY, Hz
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Figure 2. Proximity Probe Spectrum of the Problem Vibration

Shaft Vibration Spectrum

High Pressure Suction Vertical Probe

MILS P-P

1.5 0.94 mils,
307 Hz

1.0 |-

0.5 = «— 0.44 mils,
./L 27.5 Hz
0 1. | |

0 100 200 300 400 500
FREQUENCY, Hz

AGXF5856-3-20

Figure 3. Spectrum at Suction End
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Shaft Vibration Spectrum
LP Discharge Vertical Probe

LOG DISPLACEMENT

0.08 mil,
25 Hz < 641 mil,

300 Hz

<~ 0.1 mil,
A.LN 145 Hz A
| ML !

0O 200 400 600 800 1000
FREQUENCY, Hz

AGXF686-4-16

Figure 4. Spectrum from the Low Pressure Casing

Bearing Wear Pattern

PING ]

TILT PAD BEARING
ASSEMBLY

TOP OF PAD

0586-36-050

Figure 5. Bearing Wear Pattern
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Figure 5
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A. Photograph of Bearing Pivot Wear Pattern

Subsynchronous Vibration vs Discharge Flow
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Figure 6.

Correlation of Vibration with Discharge Flow
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Subsynchronous Vibration vs Suction Flow
MILS P-P
(o}
1.5 ©
O ° LEGEND:
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O
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Figure 7. Correlation of Vibration with Suction Flow

COMPRESSOR CROSS SECTION
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T 7 S I — J
—7 — .
IMPELLERS (TYPICAL)
0586-46-051
Figure 8. Compressor Cross Section (Discharge End)
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Last Stage Diffuser Test
IMPELLER
DIFFUSER

2 PRESSURE

TRANSDUCERS
: (A & B)
GAS
VELoCITY/ FLOW ANGLE ROTATION
Figure 9A. Factory Test Arrangement

Last Stage Diffuser Test

DYNAMIC PRESSURE (psi)

FLOW ANGLE 8 psi
9.5 DEG.—/™— ‘

1/1800 cpm

OSCILLOSCOPE TRACES
TIME

AGXF586-10-18

Figure 9B. Factory Test with Diffuser Wall Pressure versus Time
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Figure 10.

Rotating Stall Criteria Compared to Field Test
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Figure 11.
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Shaft Vibration Spectrum
High Pressure Discharge Vertical Probe
LOG DISPLACEMENT
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Figure 12. Spectrum after Modifications

y 4

Figure 13. Return Vanes
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Return Vane Incidence Angle
SSV AMPLITUDE DISCHARGE VERTICAL, MILS
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Figure 14. Return Vane Incidence versus Subsynchronous Vibration

Modified Exit Vanes

FLOW VELOCITY
_-CAMBER LINE

MODIFIED
PROFILES
(BLUNT STRUT)

ORIGINAL VANE
PROFILES

AGXF5B8-15-11

Figure 15. Exit Vane Modification
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Empirical Severity Guideline
Rotating Stall in a Vaneless Diffuser
2.6 o Legend: Jd

O Vibration Exceed
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Figure 16. Empirical Severity Guideline
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INSTABILITY OF MULTISTAGE COMPRESSOR K1501

Zhou Ren-mu
Hangzhou Steam Turbine Works
Hangzhou Zhejiang, People's Republic of China

The K1501 compressor, driven by a steam turbine, is used to transport
synthetic gas in fertilizer plants of 1000 tons daily production. The turbo-
compressor set, which had been in operation since 1982, vibrated rather
intensely, and its maximum load was only about 95 percent of the normal value.
Damaging vibration to pads and gas-sealing labyrinths occurred three times from
1982 to 1983 and resulted in considerable economic loss. From the character-
istics of the vibration, we suspected its cause to be rotor instability due to
labyrinth-seal excitation. But, for lack of experience, the problem was not
addressed for two years. Finally, we determined that the instability was
indeed produced by labyrinth-seal excitation and corrected this problem by
injecting gas into the middle-diaphragm labyrinths.

This paper primarily discusses the failure and the remedy described above.
INTRODUCTION

In recent years, China imported many large chemical plants that have var-
fous kinds of compressors. Unacceptable vibration has occurred in some running
compressors. The most serious occurrence was with the KT1501-K1501 set that
transported synthetic gas for a fertilizer-producing process (at 1000 tons a
day). Figure 1 shows the KT1501-1501 set, which consists of one steam turbine
(including two cylinders) and three compressors. Its maximum power is
19 786 kW and its maximum continuous speed is 11 230 rpm. It has a traditional
concrete construction pad.

Intensive vibration originated from the low-pressure compressor, K1501LP.
Figure 2 shows the longitudinal section of its rotor. Table I shows the param-
eters of the tilting pad of both bearings. Figure 3 shows the gas labyrinth
construction of the middle diaphragm. Figure 4 provides a critical speed map
and mode shapes for the rotor.

Vibration occurred suddenly each time. The first accident took place on
May 7, 1982, when the speed was 10 800 rpm. The following characteristics were
observed:

(1) The vibration of the shaft exceeded 80 um suddenly.

(2) The vibration accompanied intensive sound radiation (over 95 dB).
(3) Sealing 011 oozed out of the gas exit tube.

(4) Intense floor vibration followed.

When the cylinders were opened and examined, the following damages were
observed:

(1) The pads of radial bearing 074 were obviously deformed because of
intensive journal vibration.
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(2) The gas labyrinth of the middle diaphragm and the ends of the cylinder
were worn out. Some wear scars remained on the surface of the shaft.

When only the damaged parts were replaced, the vibration and damage reoc-
curred when the speed reached 10 820 rpm.

There are three identical sets of this kind in our nation - in Nanking,
Anging, and Guangzhou. This type of failure occurred in all three compressors.
The most serious failure was in Nanking. Because the failures were clearly not
accidental, the Chemical Engineering Ministry began and directly guided exper-
imental research in Nanking. (A1l the phenomena described above occurred in
Nanking.) The following is a description of the whole test, which was divided
into three steps.

FIRST OF STEP OF TEST (May 1982 - January 1983)

At first we did what we could to minimize downtime and production losses.
The origin of the vibration was rotor instability as will be detailed. Although
the labyrinth-seal excitation was considered to be the cause of the instabil-
ity, the possibility of o011 whip had not been dismissed at that time. There-
fore the following measures were adopted:

(1) Six teeth in the middle of the diaphragm labyrinth were removed.

(2) The ratio of bearing width to diameter was decreased from 0.40 to
0.39 mm.

(3) Additional displacement transducers were installed on bearings 074 and
075 (fig. 1) to improve vibration monitoring.

Because none of these measures eliminated the rotor instability, a large
quantity of measurements and analyses were then made. This work was performed
mainly by Zhejiang University. Because vibration was monitored closely during
the experiments, no serious damage occurred.

Figure 5 shows frequency spectra of the shaft vibration in direction x
on bearings 074 and 075 at a speed of 10 220 rpm as measured by a transducer
on November 19, 1982. From figure 5, the rotating speed was 170.3 Hz, and the
frequency of fractional frequency whirl (FFW) was 80 Hz. The frequency ratio
nf equalled 0.47. The vibration amplitudes of the components in this figure
are almost equal. Figure 6 shows a frequency spectra of the shaft vibration
in direction y on bearing 074 and in direction x on bearing 075 at 9460 rpm
on November 19, 1982. Again, the vibration amplitudes were almost equal. The
frequency of FFW was 77 Hz (measured), the rotating frequency was 157.7 Hz, and
the frequency ratio nf equalled 0.488. So obviously the FFW appeared at
9460 rpm.

Figure 7, which gives a speed-spectrum map from an experimental recording,
indicates that the FFW appeared just at 8000 rpm and that nf equalled 0.5.
Amplitude increased rapidly with increasing speed, but frequency dropped
slightly.

Figure 8 shows an evolution of the shaft center orbit measured on bearing
074 at 9200 to 9480 rpm on December 18, 1982. It was photographed from the
cathode oscilloscope.
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A1l of the test results fully demonstrated that the vibration came from
the instability of the rotor, but the nature of the instability was not
determined. So a power spectrum referring to the vibration of bearing 074 and
to the pulse pressure of the gas outlet was made. The transfer function and
the coherent function were also calculated. However, the nature of the
instabiiity was still not evident.

The following additional changes were performed in this step:

(1) The inlet temperature of the lubricant oil was changed from 40 to
45 °C.

(2) The opening level of the compressor-protecting valve was changed from
40 to 100 percent.

(3) The inlet gas temperatures and pressures of the compressor were
changed.

Yet no consistent, useful results were obtained.
At the same time, some temporary measures were taken during the tests:

(1) A middle vertical slipping pin was added on the body of the compressor
to prevent motion caused by expansion of the cylinder.

(2) The supports were packed with insulation to prevent the cold current
heat losses from influencing them.

Attention was also paid to the pads and oil-sealing slipring of the cyl-
inder, but no effects were obtained.

SECOND STEP OF TEST (February - October 1983)

To clarify the nature of the instability, we decided to observe the
dynamic properties of the rotor K1501LP on a balancing machine. This test was
performed by Hangzhou Steam Turbine Works (ref. 1). The test included the
following:

(1) High-speed balancing of the rotor

(2) Observation of the critical speed and its insensitivity to other
parameters

(3) Increasing the number of the oil-inlet holes in the
bearings

(4) Increasing the clearance in the bearings

Figure 9 shows the Nyquist tracks before and after the balancing cor-
rection. Before the correction the severity of the bearing vibration increased
quickly when the speed exceeded 9000 rpm. For the sake of safety the pedestal
stiffness was increased from 820 to 2250 N/um. When the speed reached
11 230 rpm, the two bearings were vibrating at 6.5 and 2.2 mm/sec, respec-
tively. This result indicated poor balancing. We found that the mixed vibra-
tion of the second and third modes appeared before the second critical speed
was reached. Using the method of modal separation, we corrected the unbalance
of the rotor. The bearings were vibrating at only 0.3 and 0.35 mm/sec, res-
pectively, when the pedestal stiffness was restored to 820 N/um. The first
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critical speed was 4000 rpm and the second was 10 700 rpm; these speeds are 1in
agreement with the results of our calculation. The results of our experiment
on insensitivity indicate that the rotor is sensitive to unbalance at

11 230 rpm. (This does not conform to American Petroleum Institute (API)
standards.)

The Nyquist tracks of the rotor with one and with five oil-inlet holes
(one hole for each pad) in the bearing are shown in figure 10. The dotted
1ines in the figure show a change of rotor vibration for one oil-inlet hole.
However, 011 whip did not take place. The o0il clearance was increased from
0.15 to 0.20 mm, but the state of the shaft vibration did not change. It was
impossible to test the labyrinth-seal excitation, for the rotor was driven in
a vacuum chamber.

In brief, high-speed balancing showed clearly that the instability of the
rotor did not come from the oil whip.

THIRD STEP OF TEST (November 1983)

To eliminate the vibration failure rapidly, we cooperated with Mitsubishi
in completing a series of tests on November 5-8, 1983. The test speeds were
to 10 222 rpm on the first day, and to 10 550 rpm on the third day. A1l the
tests were within specifications. The test procedure for the fourth day is
shown in figure 11. After reaching 10 750 rpm and running for an hour, the
shaft vibrated intensely.

Figure 12 shows a real-time analysis of the shaft vibration during stable
operation. Figure 13 shows the same analysis during a period of instability.
Figure 14 gives a three-dimensional spectrum analysis of the shaft vibration
in direction x on bearing 075. Figure 15 shows an orbit of the shaft center
during instability.

The tests just described make clear the inevitability of rotor instabil-
ity. But comparisons between figqures 7 and 14 show that the latter tests did
not produce considerable FFW before instability appeared, and the amount was
less than that of the operational speed-frequency map by 25 dB (fig. 12). Just
before the rotor became unstable (fig. 14), the frequency of the FFW was
74 Hz/sec (which 1s the same as in fig. 12). This frequency suddenly rose to
80 Hz after 5 sec (which is in agreement with fig. 13). The frequency ratio
nF equalled 0.4465.

MEASURES TAKEN

Although much important data on the dynamic properties of the rotor were
acquired through the three steps of the tests, the nature of this instability
has not been directly determined. According to the information and inference,
however, the origin of the instability is labyrinth-seal excitation. The com-
pressor manufacturer also provided some suggestions for improvements.

Finally, a decision was made that gas should be injected into the laby-
rinths of the middle diaphragm. The new construction is shown in figure 16.
After this measure was taken, the instability was eliminated. Figure 17 shows
a frequency spectrum of the shaft vibration on bearing 074 at 10 690 rpm before
corrective measures were taken, and figure 18 shows this spectrum after cor-
rective measures were taken. It can be seen that the FFW was eliminated.
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The same results were obtained in Anquing immediately after the Nanking
tests.

CONCLUDING REMARKS

The following are some of the author's viewpoints included only for
reference:

1. Instability of compressor K1501 was excited by the labyrinth seal
without regard to bearings, oi1 seal, and other factors.

2. The fractional frequency whirl (FFW) resulting from the labyrinth-seal
excitation was a positive precession rather than negative precession as usually
observed (ref. 2).

3. Comparisons between figure 7 and 14 show that the evidences of insta-
bility appearing after high-speed balancing of the rotor differed from those
before balancing. Evidently the rotating speed at which the visual FFW
occurred increased.

4. The middle-diaphragm labyrinth with gas injection as shown in
figure 16 effectively eliminated the excitation existing in it, so that the
method presented by Kirk (ref. 3) was again proved to be reliable.
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TABLE I. - PARAMETERS OF TILTING PAD BEARING

Bearing
074 075
Diameter of journal, mm 101.6 114.3
Width of bearing, mm 4] 47
Specific load, N/cm? 59.3 48.7
Clearance, mm 0.11 to 0.14| 0.14 to 0.17
Number of oil-inlet holes 1 1

67



K1501LpP KT1501 K1501MP K1501HP

e

074- bearing -075 028a 028b 028c 108 115 126 133
Figure 1.

- Steam turbine compressor set of KT150-K1501.
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Figure 2. - Rotor of K1501LP.
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Figure 3. - Labyrinth construction.
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CALCULATING ROTORDYNAMIC COEFFICIENTS OF SEALS
BY FINITE-DIFFERENCE TECHNIQUES

F.J. Dietzen and R. Nordmann
University of Kaiserslautern
Kaiserslautern, Federal Republic of Germany

For modelling the turbulent flow in a seal the Navier-Stokes equations in con-
nection with a turbulence model (k-e-model) are solved by a finite-difference
method. A motion of the shaft round the centered position is assumed. After cal-
culating the corresponding flow field and the pressure distribution, the rotor-
dynamic coefficients of the seal can be determined. These coefficients are com-
pared with results obtained by using the bulk flow theory of Childs [1] and with
experimental results.

INTRODUCTION

It is well known that the fluid forces in seals, which are described by equa-
tion (1)

FZ K k z D d Y4 M m Z
- = - + ' . + . (1)
Fy -k K y -d D y -m M y

have a strong influence on the dynamic behaviour of rotating turbo-machinery.
While there exist some good theories for calculating the coefficients of

straight seals [1], no satisfactory model is known to describe the effects of
grooved seals. Reference [2] presents a survey and comparison of results of
existing theories. The authors' opinion is that the existing methods are not

at all satisfactory. The main weakness of these theories is the fact, that they
are using so called 'bulk-flow-theories' which connect the wall shear stress with
the mean flow-velocity relative to this wall. However, in the region of a groove
there occur stresses in the fluid which cannot be neglected. Calculating the flow
by using the Navier-Stokes equations in connection with a turbulence model elimi-
nates this disadvantage. Therefore, a finite difference model is presented which
allows the calculation of the coefficients by using these equations.
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Nomenclature:

Fz’ Fy Forces on the shaft in z and y direction

K, k direct and cross-coupling stiffness in eq. (1, 24)
D, d direct and cross-coupling damping in eq. (1,24)
M, m direct and cross-coupling inertia in eq. (1, 24)
u, v, W axial, radial and circumferential velocity

p pressure

k turbulence energy

€ energy dissipation

Hes HYs Hg effective, laminar and turbulent viscosity

0 density

t time

X, Ty 0 axial, radial and circumferential coordinate

n radial coordinate after transformation

Ogs» Og» K Constants od the k-g¢-model

Cu’ Cl’ C2 Constants of the k-c-model

¢ general variable standing for u, v, w, p, k or ¢
S¢ general source term

CO seal clearance by centric shaft position

8 seal clearance by eccentric shaft position

o radius of the precession motion of the shaft

e = g% perturbation parameter

W rotational frequency of the shaft

Q precession frequency of the shaft

£ entrance lost-coefficient

L Length of the seal

18




:

r. radius of the rotor (shaft)

ra radius of the stator
Subscripts

0 zeroth order variables
1 first order variables
R rotor

S stator

MATHEMATICAL MODEL
To describe turbulent flow by the Navier-Stokes equations the velocities and the
pressure are separated into mean and fluctuating quantities.
+ v'

+p

u=u+u' vV =

1

v
W = + w' p=5

Time-averaging of the Navier-Stokes equations leads to terms of the following
form: u'™v', VW', uw'.
To substitute these terms one can use the Boussinesq's eddy-viscosity concept.
For example:
u -
—— t du | ov
(3v * 7%)

uv = p ay X (2)

M is the turbulent viscosity, which is not a fluid property but depends strongly
on the state of flow. Summing up the laminar and turbulent viscosity to an effec-
tive viscosity

Ho = M7 * My s (3)

one obtains the following time-averaged Navier-Stokes equations for turbulent
flow. (In the following the overbars are omitted.)

1. axial momentum:

ou ., 3 13 1
Pat * §§(puu) ( eax) *r rar (revu) - 5_( ear) + rae( pwu) - (r eae)
P, duy 1, avy 10 oW

X + ax(“eax) + rarh“eax) + rae( eax) (4)
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2. radial momentum:

v , 9 ) 13 _ 13 v 13 13 ,1 av, _
Pat * 3X(pUV) (”eax) + rar(rpvv) rar(ruear) + rae(pwv) - ?ﬁécF“egg) -
p 19 v 3, duy ow _ 2 - .2
2 B(rughh) + 5005 + 1Ho(ruedi () - Fands - Zaiigy + (5)
3. tangential momentum
w . 9 9 190 _ 13 oW 13 =
5t * ax(PuW) - 5% (“eax) * paplreww) = Fan(ruggr) + 15g(oww) - rae(r eae)
_idp av 9 (1, du 1 oV W3 13 13 1 owy, _»p
rao T rar(“eao) + 3x(r“eae) * r2He3p T rzar(rue) + rae(r e v) + rae(r“eae) YW
(6)
4. continuity equation
13 (7)

Q)IQJ

L(pu) + T (rov) + ;5@(OW) =0

To describe g we use the k-e turbulence model [3, 4]. This model determines M
as a function of the kinetic energy k of the turbulent motion and the energy
dissipation €. It is relative simpie and often used to calculate the turbulent
flow in seals [12, 13, 14, 15]. Stoff [12], for example, compares his flow meas-
urements in a labyrinth seal with calculations on base of the k-e model. He
observes that both agree well.

L oK (8)

The equations for k and € can be derived in exact form from the Navier-Stokes
equations

5. turbulence energy k

d 13
Pat * axlpuk) - S{5=55) + wap(revk) - 2 (.¢ eak) + %

3 13 ,1Mesk, _
ror'’o, ar 50tPwk) - 155(rs, 50!

20 ra@‘rokBG’ -

G- pe (9)
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6. enerqgy dissipation €

3¢ Hede 13 _ 1y Eg@g ) 13 ,1Yese
05% + gx(pue) - s—x<o o)+ var(Tve) (75 ar) * vaelove) - raelis so) -
2
CIEG - Czoi— (10)
_ Vy2 , Buy2 , LW vy v , duy» 19v | oW _ Wy2 + Lau

Gl 2GR+ G+ G+ ¥)) + kv )" * G * o7~ ¥) (

CU = 0.09 C: =1.44 C. =1.92
(11)

- _ _ K

To model the flow in the case of a shaft moving on an eccentric orbit, a coordi-
nate-transformation [5, 6] is made. (Fig. 1)

r_-r
a

n=or, - ——C (12)

§(6,t) is the seal clearance, varying with angle & and time t. By this trans-
formation the eccentric moving shaft is reduced to a shaft rotating in the
centre of the seal.

We must note that the following relations of the transformation must be used.

3 9

39, = 32, + D3,

(30, = Gh, + (3D, (13)
3 3

(52), = 39,
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PERTURBATION ANALYSIS

The rotordynamic coefficients of a seal are in a wide range independent of the
shaft eccentricity. Therefore we can assume small shaft motions around the cen-
tered position which allow us to use a perturbation analysis.

6 = Co = Ehl
u =uo+eu1 \ =vo+ev1
WS W+ ewp P =P, + ep

With these expressions and the coordinate-transformation equation (12) the
equations (4), (5), (6), (7), (9), (10) change themselves.

This is demonstrated in the following examples.
From equation (12) we obtain:

h
= -1 -
r=n#t+ eco(ra n) (14)
C
8 _ 0 _ _1 3
3r ~ 8 on h an (15)
1 - o=l
Co
and so:
= 1 1 3 h
So(rove) = =—{o(n + exd(r, - n))(v, + ev +
rae n + egl( ry - n 1 - e%;an Co( a ))( 0 1)(u0 eu;)}
o 0

13 13 hy 9 Fa.l
nan(npvouo) * enan{np( v, t Voul)} ¥ eCéfgﬁ(puovo) +(1- ﬁ—)npuovo}

(16)
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1
rae(puw) = h

1 (35(p(uy + eu Ywy + ew )
n + ec (ry - M)

3__ )( + ew )B__(Y. __r_é_;_r_c )}
+ Jaleluy + eu )W, )36("a 7 G
(17)
13 1 5h
= elg-(pu W+ owou )+ e(n - ry ) (eugWy)E anl
u u (u. + eu) r.-r
ou - 90 9 at0 "3 __a
P3t =el3f *5¢) * Py FYALN 5 Co) (18)

adg M - Ty h

!
L

epsp + ep

O

One obtains a set of zero-order equations for Ugs Voo Wos Pyo ko’ € and a set
of first-order equations for Ups Vs Wys Py- It is assumed that the viscosity Ho
remains constant for small motions. Therefore the k1 and €4 equations can be

dropped.

The variation of the seal clearance for an eccentric shaft can be described by
the following equation

sind

>
—

"
(DAN
o
(V2]
@
mr<

So we establish the same assumptions as in [1], that the velocities and the
pressure in circumferential direction can be described by sin- and cos-functions,
in our first order equations

u1 u1C cosS6 + u1S sind v1 = v1C cos6 + v1s sing

W1

Wic cos8 + Wi sind P1 = Pic cos6 + Pic sind

By separating in the resuiting equations the terms with sin6 and cosé we obtain
two real equations of every 1. order equation. These equations are then arranged
in a new form by introducing complex variables.
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Up = Upe ¥ Tupg Vi = Vet vy
Wp = Wyt Twgg Py = Py * TP
h1 =2z + 1y

We now assume that the shaft is moving on a circular orbit with frequency @
around the centered position. Also h1 takes the form:

- it
h1 = roe

and similary
- et - A int
uq 01 e Vi Vq
- ~ it - ~ int
W =W e’ P1 = Pt

In the following we assume that t

0; this means that the shaft is just moving
through the z-axis in the y-direction.

The resulting equations for u , vy, W, Py> Kg» €, and Gl, 01, Ql have all the
same form.
9 3 3, . 19 19 3y _
g;‘(puo¢) X (F¢§§) + ﬁ'gﬁ'(npvo¢) ﬁ'gﬁ'(r¢n§ﬁ) = S¢ (19)
Zeroth Order Equations
T,
o ¢ S¢
3P0, 3, 3%, 13 3%
Yo He 5% ax(Medx ) nan(“enax )
Po, o, d%, 10, 3%, 2
Vo e on * ax(Pean ) * nan(Mean ) - pMgV, + EW2
W
_03 _P
Yo He ﬁ’an(n“e) nVo%o
1 0 0
U
e
kO 6;' G - pe
H 2
e £ g?
EO 0':_ C1EG - CzOk
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fion

ORIGINAL {71 5

First Order Equations OF POOR QUALITY

¢ Ty S
-_ﬁl 30, 13 B_Yi )
0 Mg (uegx ) * 15 (MMegy) = ax(ougly) - nan(”"” 9
U W,
Yoo, Yo Heon,
r?ol + ip(-Q + )01 + 1nu0W1 =0y + D1 + 102
31 , 8, ol , 19 01, _ 9 . 15
01 Mo o5t ax(Mesx ) T nan(Mesc ) T ax(PVoln) - nan(neveYy)
ﬁugﬂﬂﬂ -ﬁkv + 9 @b-snv +(&w +1?§+'@V)W + D, + iD
ean'n nZ'1 P 1 3 4
. 3 Ve 13 3 N 13
A we iR -akfay) - iR 0) - Saleuty) - med(enwgdy)

- - @ 13" _ .00 -
2—%Q 13—%01 Vo + ipf +»—zan 12nw0)ﬂ1 + D5 + 106

Only the first order continuity-equation to determine ﬁl shows a slightly
modified form.

) 13 P .
ax(Plq) + ﬁgﬁ(npvl) = 1aw1 + Dy +iDg (20)

The parameters D1 - D8 do not depend on ﬁl, Vl, Wl, 61 and result from the
coordinate-transformation. (D1 - D8 are shown in the appendix.)

FINITE-DIFFERENCE METHOD

For solving these equations a finite-difference procedure is used which is
based on a method published by Gosman and Pun [7]. The seal is discretized

by a grid (Fig. 2) and the variables are calculated at the nodes. The veloci-
ties u, v are determined at points which lie between the nodes where the vari-
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ables p, w, k, € are calculated (Fig. 3). Because of its general convergence
a 'hybrid - difference' method is used, which means that the convective terms
are calculated by a 'upwind'- or a 'central-difference' method as a function
of flow-velocity and grid-distance.

Because there is no explicit equation to calculate p we use the continuity
equation. Starting by a guess for p, the momentum-equations are solved; with
the resulting values u, v (Gl, 01, Wl) the flow through the control-area around
a point for the pressure p (61) is calculated. If the difference between the
entrance- and the exit-flow rate is less than 0, p must be reduced; in the
opposite case p must be increased. This is done by the 'SIMPLE'-procedure [8]
or better by the more modern version 'PISO' [9].

However one has to respect in the determination of ﬁl with these procedures
that the equation for Ql has not the same form as for Gl and Vl‘ Also we have
to notice that Ugs Voo Pgs Wyo ko’ €, are real-, while Uy, Vs Wy, Py are of
complex type. The mesh to calculate u, v doesn't extend all the way to the boun-
dary wall, and the component u, w is allowed to slip in accordance with the

logarithmic Taw of the wall.

LEAKAGE FLOW AND DYNAMIC COEFFICIENTS

Leakage flow, Centered Position

For centered shaft position the values u_, Vor Pos Yo kO €

o are determined.

0
Boundary conditions:

=0

"
o
I

o

Wos

W = wer.
oR i

Uos Vos

=0

1}
o

YoR VoR
The leakage results from the calculated axial velocity Ug-

Dynamic Coefficients, Eccentric Shaft Motion

For calculating the dynamic coefficients the following assumptions are made:

1. The shaft rotates on a circular orbit around the centered position.
2. At time t = 0 the shaft is located at: z = ro» ¥ = 0

3. The viscosity Mo remains constant in spite of the eccentric motion.

86




Boundary conditions: (Fig. 4, 5)

A

Stator: als = (0., 0.) 015 = (0., 0.) Wi = (0., 0)

Rotor:

(0., 0.)  Vqp = (0.,(R-w)-C ) Wyp = (0C

Entrance: Py = %-puz(l +E) + Pg

PlBj - OUij(l + &) alB'

J
Exit: 51cj = (0., 0.)

To satisfy the entrance condition we make use of the iterative character of the
finite-difference method. This means that we start with a pressure 6183 at the
entrance and after every iteration step we check if the calculated ulB satisfy
condition (21). If not, the pressure plB will be corrected.

The resulting forces on the shaft are calculated by a pressure integration for
the five precession frequencies: Q = Ow, 0,5 w, 1,0 w, 1,5 w, 2 w.

.

- FZ = -CO— .{: plC dX (22)

-F = J p1c dx (23)
y G LS

By a 'Least-Square-Fit' we obtain the rotor-dynamic coefficients of (1) from the
following equations

- F =K+ - Mf
(24)
- Fy =k 0ok

The precession frequencies can be arbitrarily chosen, because the dynamic coeffi-
cients are mostly independent of them. We take the same as in [1].

RESULTS FOR AN ANNULAR SEAL

To test the theory, calculations are made for a straight smooth seal. The results

are compared with the experimental values of Massmann [10] and the results of
Childs theory [1].
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Seal Data:

L =23,5mm Wy = o,7-lo'3 Ns/m3
CO = 0,2 mm E =0,5

A fully developed turbulent axial and circumferential flow at the entrance of the
seal is assumed. As in [10] flowrates are measured, in the presented calcu-
lation we suppose that the axial flow velocity is known:

uaverage = 16,46 m/s

and that the average circumferential velocity at the entrance is half the shaft-
speed.

For a known mass flow the pressure difference between entrance and exit of the

seal can be calculated. The results of this theory are compared with Childs
theory in Fig. 6.

In Fig. 7, 8, 9, 10, 11 results of the presented theory, Childs theory [1] and
experimental data from Massmann [10] are shown.

Both theories are in good agreement with each other and with the measurements.
For calculation a mesh with 15 x 5 nodes in x-r direction was applied. The CPU
time was about 30 sec on a Siemens 7.561 computer.

RESULTS FOR A GROOVED SEAL

We also made some calculations, for the grooved seal, whose geometry and seal
data are shown in Fig. 12. In Fig. 13 the leakage for a given pressure difference
is presented as a function of the groove depth. First the leakage decreases and

then slightly increases again. This behaviour agrees with the measurements of
Black [11].

In Fig. 14, 15, 16, 17 the stiffness K, k and the damping D, d are shown. The
coefficients K, k, D decrease with growing groove depth. Only the damping d
increases. Although we haven't yet any experimental results for this seal the
tendencies seem to be right.

CONCLUSION

It is shown that it is possible to calculate the dynamic coefficients of seals
with a finite-difference method, based on the Navier-Stokes equation in connec-
tion with a turbulence model. Although application on straight seals is possible,
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it was not our aim to develop a procedure for this seal configuration but to
present a method which will be applicable on grooved seals. The superiority of
the theory versus other methods is the simplicity in use for grooved seals by
only neglecting the terms Dy - Dg in the equations for Gl’ 01, Ql, ﬁl in the
grooves, while there exists no mesh displacement.

Appendix:

Transformation-constants for first order equations

oV au r v
9., Y o _ a,l 0 Ta HedU
Dy = TnlMemx * Vegn ~ PYolp) + (1 - T h(Meax T PVoug) + (1 - ;g)agano
r ow Ju
= =2 C o1y, 9y _ 8 0
D, = (5 Dign(ugay) = anleugwy)t - Sog=(n - r,)
r u MoV ]
Dy = (1-=2)Puw -2y -oe, reVor 3 Po , 53 ., 3%
37 (=)W, = 1vgv, anvo Y= - gnleveyy) " o)
r - w v
= (=2 0 Ly n 0y 2 0
Dy = G - D5 (keng 7)) 3 (MoVo )} - Sog=(n - ry)
aw
_1 0 Moo 13 "a, 3 Mo, & r
U5 = nan(Hen3m ) " Ran(HeWg) + (1 - 2 Masn () = 3 (ovowg) + 2'%Vowo(’ﬁg - 1)
r 3 ow
- (1 -8y _d e Po 0
% = () ERlengy) - 5 (2550) # gt - o (n - ry)
r v
=Py (8 _ - 529
D7 =2volq - 1) - eg;
r ow
_ a, "o
P = (1 - ey
With, for example:
13 duy , 13 avy - 13 — 12 13
v (MHapy rarTHesx) = yap(r Typ) n3n<n Txro) + eﬁan(” Txrl)+
1,13 , ,"a a 19
C, nan (VG - 1)Txro) (2 - gm0 xr,
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Fig. 1 Geometry of the eccentric shaft

Fig. 2 Mesh arrangement in the seal
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Fig. 4 Change of the velocities due to the coordinate
transformation
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STATIC AND DYNAMIC CHARACTERISTICS
OF PARALLEL-GROOVED SEALS

Takuzo Iwatsubo
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This paper presents an analytical method to determine static and dynamic char-
acteristics of annular parallel-grooved seals. The governing equations were
derived by using the turbulent lubrication theory based on the law of fluid
friction. Linear zero- and first-order perturbation equations of the govern-
ing equations were developed, and these equations were analytically investi-
gated to obtain the reaction force of the seals. An analysis is presented that
calculates the leakage flow rate, the torque loss, and the rotordynamic coeffi-
cients for parallel-grooved seals. To demonstrate this analysis, we show the
effect of changing number of stages, land and groove width, and inlet swirl on
stabi1ity of the boiler feed water pump seals. Generally, as the number of
stages increased or the grooves became wider, the leakage flow rate and rotor-
dynamic coefficients decreased and the torque loss increased.

INTRODUCTION

Annular pressure seals can significantly influence the dynamic behavior of
rotating machinery by the presence of a high-pressure difference in the close
clearance spaces of the leakage path.

Black and Jenssen (refs. 1 to 3) have explained the influence of seal
forces on the rotordynamic behavior of pumps. Childs has analyzed the short
seal (ref. 4) and has made finite-length analyses (ref. 5) based on Hirs' gov-
erning equation, which yields an analytical expression for the seal dynamic
coefficients incorporating all of Black and Jenssen's various developments.

Although these results apply only for small seal motion about a centered
position, Allaire, et al. (ref. 6), the authors (ref. 7) have expanded these
analyses to calculate dynamic coefficients at large eccentricities.

Fleming (ref. 8) has developed an analysis for gas seals with a constant
clearance or with convergently tapered geometries. Child (ref. 9) investigated
dynamic coefficients for convergently tapered seals both analytically and
experimentally.
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Previous analytical and experimental developments have generally examined
dynamic characteristics of the annular straight seal and the tapered seal. But
the dynamic characteristics of the parallel-grooved seal have not been analyzed
theoretically. Bolleter (ref. 10) experimentally investigated stability 1imits
for balance pistons with two different types of serration. He showed that ser-
rations that are deep and wide prevent seizure.

In this paper the static and dynamic characteristics of the multistage
paraliel-grooved seal operating within the turbulent flow region are analyzed
theoretically with consideration of the inertia effect. The present analysis
combines the previous analysis of the straight seal with the analysis of the
labyrinth seal performed by the authors. Namely, land analysis is used for the
straight seal and groove analysis is used for the labyrinth seal.

SYMBOLS
CZo nominal seal radial clearance, cm
Cxx’ ny seal damping coefficients, N s/m
D journal diameter, cm
F fluid force, N
H seal radjal clearance, cm
Kxx’ ny seal stiffness coefficients, N/m
L seal length, cm
LZ land width, cm
1g groove width, cm
Mxx’ Myy seal add mass coefficients, N 52/m
MG fluid mean depth, cm
P fluld pressure, MPa
Q rate of leakage, m3/s
R seal radius, cm
Ra axial Reynolds number
Rr circumferential Reynolds number
S number of stages
T groove depth, cm
t time, s
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torque, N'm

u,w tangential and axial fluid velocity components, m/s
v journal surface velocity, m/s

X circumferential coordinate

y radial coordinate

z axial coordinate

€ small eccentricity ratio

<] diverging angle of stream behind land section
N friction loss. coefficient

" fluid viscosity, mPa s

v fluid kinematic viscosity, m2/s

|3 loss coefficient

P fluid density, kg/m3

T shear stress, Pa

w journal angular velocity, rad/s
Subscripts:

a axial direction

c radial direction

d groove defined in equation (13)

ex exit

f between clearance flow and cavity flow
g groove

in inlet

h| journal

l land

r circumferential direction

s casing
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() d( )/dt

m mean

GOVERNING EQUATION AND ANALYSIS
Governing Equation
Figure 1 1llustrates the geometry of the parallel-grooved seal. Under the

usual assumptions for problems of throughflow across annuli with a fine clear-
ance, the momentum and continuity equations are, respectively, as follows:

du ,-du , -9du =_£ %u _ duv’ _di (1)
pliy +ug, 05y - “aJ LY (x-direction)
0w Sdwy 9Pty dwTwl ion 2)
p{at tugss z}— 'y +uaJ7 p 5y (z-direction) (
du v dw_
dx +8y t3z 0 (3)

The fluid velocities u and w are integrated across the film and are
transformed into the mean velocities up, and wp.

Ym ZH |, R A e A T I e rA LY
0
H ~ H H .— H
~ 9w =9 : I ou - 9 = = O
[0 vy, W _Bz/o widy =57 (aqlvy) / 3¢ Y ‘ﬁ/ uw dy = 37 (Hum)
0 0
H — H H . H
—ou _9 —2 9 du 9 - 9
nod gy =2 dy == 2 W gy =2 =2
/0 z Y ox 0 y ax(Perum) / oz dy ox 0 u dy 9 (Hun)
H — H H H
=du 3 [7 =9 Iy - =9
].0 we— dy az/ﬂo vu dy —az( artuwy) j’O 32][0 w dy =g (Fuy)
H ~ H H .=
—ow P _— 9 av dH
/0 u—x dy =5—x‘/0 Uuw dy =a‘z( 1allz¢,,,l),”) / '_t = a—t—

For a fully developed turbulent flow regime the velocity profile shape becomes
flat, and the quantity is close to unity as shown in Burton's experiments
(ref. 11).

r.=r  =r__ =r =1 (4)

Equations (1) to (3) can be rewritten as
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2
O (Hup) , 3(Hup) o 3Hwwy) - 3p , ! (5)
ot 9z 9 3 Sz ty 0
Hw Hiwl H
ot 9x 9 523 0

BH  A(Huy) 3 {Hwy) o

(7)
3t oz 8z

Assumptions for Analysis
The assumptions for this analysis are as follows:
(1) The fluid is 1iquid and incompressible.

(2) The fluid flows into the groove chamber with a constantly diverging
angle (ref. 12). This is 11llustrated in figure 2.

(3) For a small motion of the seal journal about a centered position, the
streamline in the groove moves with the journal.

(4) The groove cross section is rectangular.

DERIVATION OF SHEAR STRESS IN MOMENTUM EQUATION
The shear stress terms of equations (4) and (5) are discussed here.

Land. - The axial components 1t;55,7755 Of shear stress at the
casing and journal are given by

1
T = - = P 2
lsa Yia T T1a T 7 PMa¥n (8)

where A;; defines the friction coefficient between the flow and the wall

surface:
meHZ -0.2 § ?V )2 %
)‘Za = 0.066‘5(—3—- 1+ (m‘; (9)

The circumferential components <t;5r,t7jr oOf shear stress at the
casing and journal are given by

u
im 1
= T —— =—-pk
la Wi 2

Tisr laulmulm
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Rw-u

- =1 -
ler = Ya “D——lm ) pllawlm(Rw ulm) (10)

im

This equation is strictly applicable only for Rz >> Rp. Therefore the shear
stress of the land can be written as follows:

H
= - =-pA, W - A
ter 0 “2ir ~ T1ar "'la in ¥ 1m fu)
(1)
q 12pn w
T = T, . - T = - a_l—
ta 0 lia lsa H

Where the effective viscosity g (ref. 13) is

2
U= 0.01(7-38JR A, u g =7V v
a ala 14|75
16w 16w
im im

Groove. - The crossflow in the groove is considered to be the cavity flow
plus the clearance flow (fig. 2). The exchange of energy within a small mixing
area between both flows is influenced by the entrance velocity and the geo-
metric shape of the groove. The clearance flow can be described by a stream
tube if this mixing area is replaced by a separating layer. The cavity flow
assumes that the momentum that is supplied from the journal is balanced by the
sum of the momentum lost by fluid friction at the separating layer and the
momentum due to cavity flow. If the cavity flow is replaced with flow through
a circular pipe, the fluid mean depth of groove MG 1is given as

v - Lng+(T—LgtaneH

(12)
2(L_+T+ T-L tan8+L /cos8)
g g g

The friction coefficient between the groove wall and the fluid is

.4M0jl2’

u
A, = 0.0791(J@L~——

d (13)
\Y

Therefore the momentum that is supplied from the side and root of the groove

1s expressed, where

1 4MG 2
Epld{(R-T+—E—)m—udm} x{T+(T—Lgtan9) +Lg} (14)
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And the momentum that is lost from the fluid friction between the clear-
ance flow and the cavity flow is

1 2 .
'?pr(udm~ugm ) -Lg/oose (15)

where Af defines the fluid friction loss coefficient between the cavity flow

and clearance flow, and Af = 0.1 (ref. 14). Using equations (14) and (15),
one can calculate the circumferential fluid velocity of the cavity flow Ugp.
The axial component of shear stress is given by

1 2 -1 - 2 _ 1 - 2
Tgsa = p)\gaugm, Tgfa =3 pr(wgm wdm) 3 pkf(wgm o.Sugm) (16)
and the circumferential component by
u 1
T =7 gm=—p>‘ woou
gsr gsa w . 2 ga gm gm
I (17)
udm-ugm
T = = <-pA -
where gfr Tgfa ugm 8 P fwgm(“dm ugm)
o H YIS (7w, )P
A= o.osas(.iﬂl_ﬂ) {1+(n.4ﬂ_) }
ga v 16w
g
Therefore the shear stress of the groove can be written as
H 1 1
L , = Tgfr - Tgsz“ =-—2-—p0.25>\fwgm(udm-ugm) - _é—p)‘ga“gmugm
; 1 (18)
= - S . 2
L , Tgfa Tgsa 3 p(xga+o zsxf)ugm
Derivation of Static Characteristics
Axial fluid velocity. - The pressure loss is stated as follows:
The inlet loss at the land entrance fis
AP =L pg w? (19)
lin 2 1710

where

51 = 1.5 (at 1st stage)
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5\ (aft
E. = 1+0.62458 -(1+0.83458 )= (after 2nd stage)
1 2 1°\H,

W H -0.8 3 w H UL |
5, = 1.95( lo 1) §, = 1.95( lo 3)
v v
31 = cla+Lgtane yz - clo

The wall friction loss in the land is

Lo. 2 px, w! (20)

The exit loss due to diverging flow behind the land is

=1 2
Aplex 2 952”10 (21)

where Ep is the exit loss coefficient

2
- (1____0_1_9_.__)
1 ) cla+Lgtane (at each stage)

CZo

2
+T) (at seal exit)
lo

bg (1'0

The friction loss at the wall and the separating layer of the groove is

c 2 L
_ 1 lo g
AP = pw? (X +0.25) )( _ ) (22)
g 2 lo "ga f Cza+Lg/2 tan@ Cza+5gtané
The pressure restoration due to deceleration at the groove 1is
2c c
_ lo _ lo 1 .. 23
APgup - czo+Lgtan6(1 C10+Lgran9)2 P70 (23)

The pressure drop across the seal is equal to the sum of each pressure
loss and is stated as follows:
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- = < +AP
P P AP in +S(APZ A

+AP -AP _+AP
in ex 2 x g

. J+AP _+AP7
gup lin

le 1 lex

c

2
2L
1 . 1 1 2 [, lo
== pETw + 5| pw A +——pw 1
2 PS1¥10 [2 lo Clo la 2 lo Clo+Lgtan5

c LA/
1 ou? 251 ,) ig )
7 P10 gat0 2N g FT /7 tans) T FL 72 Eant

¢
PP 210 (1_ ll‘,o )
2 lo C O+Bgtane clo+ gtane

1
1 2
+E P EI]

) 2Ll

c 2
1 1 .2 ( lo )
S puws = A + =4 pw 1- (24)
2 lo clo la 2 lo Clo+ngan6

Rate of leakage. - The main advantage of the grooved seal is that leakage
flow can be minimized but seal components need never rub. Seal leakage flow
may also be denoted by Q, where

R+T
Q = . Wy, 2mr dr = nuloclo(28+clo) (25)

Figure 3 shows the calculated results of leakage flow. As the number of
stages increased or the land became narrower, the leakage flow decreased.

Circumferential fluid velocity. - From the momentum equation (5) for the
land

du
lo . 1 B
2z T 1 %0 "1 2 (26)

where 7 = CZO/Ka and V = Rw. The boundary condition is z = z_y/2;

u The circumferential fluid velocity u at the land is

= U .
Zo = z0(z, 4,5) z0.

v 4 -3/l
¥10 52 ~ {7 -ula(zn_‘})}'a (27)

From the momentum equation (5) for the groove

du u ALu
4o 4 99 (5 4+0.25)2,) =L dm (28)
9z cho ga f 86‘90
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where ugm can be calculated from equations (14) and (15) and the boundary
condition is

3 = Zn ugo = ugo(zn)

The circumferential fluid velocity Ugo at the groove is

u -u C ~A/tan® (29)
go ~ "z "“ug go

where

u _=u_ - u A= X_+0.25) u = Lodm
ug z golz,) ga f 3 8 4

Figure 4 shows the axial distribution of circumferential fluid velocity

AP = 0.49 MPa, N = 4000 rpm, L = 55 mm, and S = 20. The results indicate that
the circumferential velocity approaches one-half of the shaft angular velocity
exponentially.

Torque loss. - The method for estimating the torque loss in a grooved seal
treats the loss as frictional dissipation by viscous shear in an annulus. From
equation (10) the torque loss of the land is

2n (L
- l
Torq, —fo fo Tp R X Rd¢da

—pTR? LA LA YO TTA
=PTR xlawlo(Z Lol ulo(zn_ké)] 1B/t ) (30)

The torque loss of the groove assumes that the groove is divided into four
parts as shown in figure 5. The shear stress of part 1 is

=1 31
T zpk (31)

2
g1 d“dm

Therefore the torque loss of part 1 is given as follows:

am [R

T an 1

“ =j j typ % v« rdede = I R -aem) 3 or g,
0JR-T

Similarly

an|L
= - - _ _ 2 2
To2 \/;‘/;9 T2 X(R-T) *(R-T)d¢da = pu(R-T) L XUy,
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(73]

2u {R-L tanb
= g ﬂ - 3 _ - 3 _1._. 2
Tg3 /O/R-T 'cgs x p x pdpdr = {(R Lgtan )3-(R-T) }2 pxd“dm

P = T x p x pdédr
94 |y R-Ltane g4

Zn {R’-(R-L tane)=}l A “10%10 u
3 g 2 PAga Czo+Lgfan§ 90(3n+96)

Therefore the torque loss of the groove is

T =T _+7  + +7 32)
orq, T g (

gl g

And the total torque loss of the parallel-grooved seal is defined by the fol-
Towing equation: )

S+1 S
AT = ) Torq, + 25 Torq (33)
i=1 i=1 g

Figure 6 shows the torque loss of the paraliel-grooved seal for
AP = 0.49 MPa and L = 55 mm without inlet swirl. As the number of stages
increased or the seal clearance decreased, the torque loss increased.

Derivation of Pressure Distribution

For a small motion about a centered position the clearance, pressure, and
velocity are expanded in the perturbation variables as follows:

= = = = + 34
H=C_+ €y P =P + €P, w, =W, + Ew, u, = U, * €u, (34)

where Cq, Pg, wg, Ug are steady-state values and ¢, Py, wy, uy are small
perturbations. The short-bearing solution (ref. 4) is developed for the first-
order equation by neglecting uy, the pressure-induced circumferential veloc-
ity component.

Static pressure distribution. - The steady-state equation described 1is
static, has zero eccentricity, and is solved analytically. Substitution of
equation (6) into equations (11), (18), and (34) yields steady-state, axial-
direction momentum equations for the land

9P 12u w
lo = - a_lo (35)
9z C%o

and for the groove
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3P pc? w?
go _ _ lo lo sa 36
3z g(c, *atang)? (36)

where \gaz defines the equivalent friction coefficient of the groove.

= +0.28) .~
)‘sa Aga 0 )‘f 2tanb

Pressure distribution of nonsteady state. - Substitution of the perturba-
tion variables of equations (6) and (7) yields the following perturbation equa-
tion for the land:

3P, i YRy, 12uwg

- -
3z clo 93 clo
ow w L] w U, w w
) LA T B Pl PR T z)
D(St * c,, 3t o9zt ¢,, o= L P v (37)
dw 1 (3¢ aw)
11 _ (4 ki
3z Czo(at 10 9z (38)

Equation (38) can be integrated by using the boundary condition z = Zn_1/2»
Wil = Wil(z, 4,,) @S follows:

Ltz e )t W it (39)
b e C o flz,t)(z - 3, 1) — o — 1)
11 ll(zn_l/z) €10 1 n="2 "¢, Mul 3=

where

wle

wy v 4
flz,t) = % +—- u g4 =35 -u
l ot 2 ul 2 la(an_l/z)

Equation (19) yields the following perturbation-variable boundary condi-
tion at the seal inlet:

P = -pE. W, W (40)
ll(zn_;/z) 1710 Zl(zn_%l
The perturbation-variable boundary condition at the seal exit is given as

z=zn;P11(z)
n

The complete solution for the perturbation pressure is obtained as
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12uawZow 6u
p,, = —2xt%  pprl + —5% f (2,t) PALS
11 c c l
10 lo
12uau 1 3y o ? )
-+ '35 PALE + c, (;; + 3 32/ 1¢%:t) PRL2

p“ulz( * ¥ )(3’4’ pu, b 2
i 3¢ * 2 32\ ezl FRLE 5 —— 5o f(=.t) PRL7

Clo lo
pu?_ 12 afay pw pw, u .1 3P
___El__——(——> PRLS + —L2 f (x,t) PRLI +—L2¥L . — ppr3 (42)
Clo 9x\ox clo [ cla 9z

where PRL1 to PRLB are provided in appendix A.

Similarly for the groove the axial-momentum equation and the continuity
equation reduce to

Efal T P (A +0.85),)
T e e o ——m +0. w w
9z Cgo 93 Cgo ga f Tgo gl

Yw o w o 3w 1 ow 1 a”al w 0
—'L'TLZ +—§9—t + “ga_TLx t U, TBE + w1 '—FL:: (43)
ac
g03- -SL*C T"“*"’z—wq‘*—"' (44)

Substitution of equation (29) and the boundary condition z = zj, wWgy) = Wgy(z )
into equation (44) yields n

Cl g - 3
w - f (z,t)——s—u
g1 gl(z ) cgo cga
-atl -a+l
g gg - Cl ;ﬂ_+wwla(z - zn)tane (45)
tan® c )
“A-tan go x Cgo
where
-l P -
fg(x,t) = 5g t U, 3o a A/tand
The pressure boundary condition is
2 =2 Pgl = Pgl(zn) (46)

The perturbation-variable boundary condition is obtained as
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o1z ) =~ pEa"’lo"’guzn) (47)

The complete solution for the perturbation pressure is obtained as

pC% w?t A ¢ Y
_ lolo"ga’ . C1o% 10" ug.
Pgl = T tang FRGL ¢ pclowla sa f (z,t) PRG14 + Attan 2z [RG6
pu  w, tand Y pC, w (anp)
ug lo — __lo 1o .
’"Z?%EFF__—"B PRG18 _?_FE°"fg(z‘t) PRG2 +A tan Py PRG21
57 ) P Zawlouugxsa 3y
+p(at u' 3z)f,(x:t) PRG1E 4 tane .55 PRG19
3 3\/o¢
-pCc, w! tandA_ - PRG13 PYyg ( _ (
lo'lo sa “ATtang b3t tY45 3w 3z FRG17
Plug, 2 tang (48)
. — . -pw .
+~ axfg(x,t) PRG20 ~Pwy,tan® f (z,t)  PRG1S

where PRG1 to PRG2 are provided in appendix B.

Dynamic Force

For a small motion about a centered position the clearance function is
defined in terms of the radial seal displacement (AX,aY).

€Y = - AX cosd - ALY singd (49)

The components of the reaction force acting on the seal journal are defined by
the integrails

S [2n)| {a 3 2u 3
X _[ZI {j n €P11+] ntl, ePgJ +] /S+1 ePu cosdRddda
n=1|0 zn-—l/z zn 0 ZS+1/2
S (2w) (=2 1, 2w 35,4
-1 "o oep. + nt Vs eP eP, |ein¢Rrddda
n=1J) 0 F3 l 1 1
n-% 2,

S+/2

&
L]

(50)

]
~
1]

Substituting for ¢ and its derivatives into equations (42) and (48) yields
the following form for the seal coefficients:

F K K X c c X M M X -
x| L[ Fxx Ky R e 52 e N A S Bt | I (57)
Fy Kyx Kyy[|?Y Cyx. Cyry||? Myx Myyll ¥
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Because the seal coefficients of each stage are different, the following
definitions are used. The dynamic coefficients of the parallel-grooved seal

become

S+1 i% S+1 S
Ky, = K + k K, = K t ). K
XX = xxi =1 XXg Yx | Yxi a=d YXg
S+1 S iif S
c = c + c ¢ = c + c (52)
XX =1 Xxi = XXg Yx n=y Yxi = YXg
S5+1 i% S+1 i%
M, = M + M M, = M + M = 0
XX T g Txxn T L Uxxg Yx T gz Crxt U Trxg
where
Kyx = Kyy Kyx =~ Kyy Cxx = Cyy
Cyx = = Cxy Myx = Myy Myx = = Myy = 0
The dynamic seal coefficients for the land are
TR |12y w pV?3
o a lo -
KXXZ = -C —Cz—L IPRL1 WIPRLz
lo lo
puuZZV pu;le
+—"2’ET—(IPRE4-IPRL7)+"—-RT~IPRLB = KYYZ
T |6y V 22 u 1
K = o j—a‘-—IPRLz - 2 IPRLY
rxi Clo Clo 2 Clo
pwlov
t—g IPRL1 + pwlouull IPRLY | = 'KXYZ
TR | 6un
Cox1 = -C—zo F’l IPRLZ + pu,, IPRL1 [= .,

lo
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v
Cyyy = 5— 7 TPRL2 - u ;1 IPRLE + wu 1 IPRL7 = -C

lo xrt
pw |V
CYXZ .—.--m—i-rp;z[,g - uuzl(IPRLd—IPRLH = -CXYZ
PTR
Myx1 = - zCZO'IPsz =¥y Myxi = Myy1 = 9
where IPRL1 to IPRL8 are provided in appendix C. The dynamic seal coefficients
for the groove are
C;owzoxsa 2
KXXg = pTR m—— IPRG1 + C'zowzotane)\aa'IPRGIJ

u: uuzu
+gT IPRGI6 - ot iy - IPRG17

“it¥s __i:d___’
+—A__RT IPRG20 + (A-tanBJR ITPRGE1| = K.YYg
“ulxsa
KYXg = pﬂClowZo[uzlaa IPRG14 + 7T?EEE_IPR019
uztane uultane
e, S IPRG1S --E——YZ;?EFBT'IPﬁdla
lo lo
“s ¥t
- Zan® IPRG2 + Tftand TPHGD | = -KXYU

114




tanb 1
CXXg = ancZawZo[—Asa IPRG14 + czo IPRG1S +tan6 IPRG2 ]- CYYg
uuZ “L1
Cng = pw 2uz IPRG16 -Z?;E;§~IPRGI7 +—Z— IPRG20 ] = -erg

N

M = -pnwR-IPRG16 = MY

XXg Yg

where IPRG1 to IPRG21 are provided in appendix C.

NUMERICAL EXAMPLE

Seal coefficients were calculated for a pump seal with the characteristics
shown in table I. The dynamic coefficients decreased with an increase in the
number of stages (fig. 7); that is, the axial Reynolds number became small
because the pressure loss increased with an increase in the number of stages.
The cross-coupling terms were relatively sensitive to swirl at the seal
entrance; as the inlet swirl was propagated right through, the mean circumfer-

ential fluid velocity approaches one-half the journal speed exponentially
(ref. 15).

Figure 8 illustrates the influence of the ratio L g of land width LZ
to groove width plus land width (L, + Lg) for N = 4000 rpm and L/D = 0.25.
As the clearance ratjo C /Cq becdme small, the dynamic coefficients became
large with an increase in the ratio ng.

CONCLUSIONS

The static and dynamic characteristics of the annular parallel-grooved
seal were theoretically investigated with consideration for the effect of the
turbulent flow and the inertia term.

As the number of stages fincreases or the land becomes narrower, the
dynamic coefficients and the leakage flow rate decrease. But torque loss
increases rapidly.
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APPENDIX A

H,\3 12u L
- _2
;4 = pwlo{1+0.82452 (1*”°32‘61)(51) } + —-_q_l

4, = pwlo{1+0.32462 -(1+o.az451)(—-

o=
00

-~

[N—

1 ( 12ua
m=—>I\q,, t (z - 21 ))
911 12 Clo n-/2

= - - L
PRL1 F-] z 1, m

—_ - 2 - . 2
PRL2 =(z zn_,/z) m Ll

PRL3 = e"“"/z -1 - M-(e-['l/l -1)

PRL4 = e-zz/z -1 - m-(e'le/l

- 1)

PRLS = (2 - zn_./zbe'z/l -m Ll-e'Lz/l

PRL6 = PRL1 + 1 PRL3

PRL? = 1'PRL3 + PRLS

PRLS = PRL3 - -~ PRL4

2
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APPENDIX B

go
= _ 2 _ 2
J1 = 1/01 1/6‘10 J2 = 1/01 1/¢3,
= 3 3 =
J3 1/01 1/clo Jé Z”(Cz/CZo)
. ~-a-1 _ .-a-l _ p-ate _ ,-atd
JS = 01 lo Jé Cl Clo
_ .matl -atl I
J7 = 01 - Clo J8 = Cl Clo
-2a+l -2a+1
J9 = 01 - Clo
! Clo : xaa
J10 = q—gl P70 (1 cgo) *2tand
J11 = _j_.pclowlo sa
9,1 2tanb
J12 = (J10'Lg + J11-J1)
_ .-atd -atd
J13 = Cl - Cgo
J14 = c—2a+2 _ -2a+2
1 go

17



FRGl =73~ - "3 - m:J3 PRG2 =7 - - m-J1
Cgo Clo Cgo Clo
1 1
PRC3 = 3~ -z - mJ2 PRGY = Z"‘Cgo/“zo) - m-J4
go lo
PRGS = 2 - mL prGE = ¢ %1 _ 7% Loy
=23 g go 1o
pRG7 = ¢79t2 _ (792 _ pgs
go lo

PRGE =(z - 2z ) ¢ %1 _mi-cC
n go g 1

_ a-a+*l _ -atl . @ _ a-a
PRGY = Cgo Clo m«J? PRG10 = Cgo Clo -
_ - -a _ .-G
PRG11 =(3 zn) Cgo m Lg 01
PRG1z = ¢ 29t _ gr2atl g
go lo
1 (Clo 1 )
PRG13 = tan®o —3— PRG1 -'E'PRGS
1 CZO
PRG14 = tanze - PRG2 + -5 PRG3
= )
PRG1S = tanle Clo PRG2 + PRGY
1
PRG16 = tante —CZO PRG4 + tan®'PRGS
1 ng*f‘l
PRG17 = 1-tand PRGY9 + Tan® PRG4¢

1

PRG18 = PRGS +-I-PR610
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-a+l

1 c
- . L lo
PRG19 = - Zp—= PRGE + 51 05 PRG3

1
PRG20 = PRG11 + Zj;;;g PRGI

1 -a+1
= — _ _1lo
PRG21 = 37— amg FRGIZ y PRG10
APPENDIX C
1 ( 6uaLZ)
I1 = — L, + —%¢&
411 Y12 "1 cZo
I1 IPRLS = L2/3 - L;/z-rz

=29...
IPRL! LZ/- Ll

L/ 4y 1. -¢ B/ 2 1n

IPRL3 = -1( e "1 .
IPRL4 = 1 IPRL3 + IPRL1
IPRLS = -z-LZe’[‘z/Z —lz(e'Lz/z -1) -Lza'bz/z'rz
IPRLE = -g(e'“z/Z -1) -Lz-(e-le/l -1):I1

IPRLS = IPRL3 --%—IPRLé

IPRL7? = 1-IPRL3 + IPRLS

J2 L
= = —-— - a - .
c, = Cp, * Lgtane IPRG1 Py 'E§; J3-J12
J4
--Z _Jj1-J12

IPRGZ = 08 - T

J1 L
IPRG3 = -;—o "E%; ~J2-J12
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“1

IPRG4 = —=— J4 - [ -Jd4-J12
tand g
Lz
IPRGS = - L[ .J12
2 g
J8 a1
IPRGE = - 4= - L Cy) -J5-J12
J13
IPRG7? = - L CI%2% _ye.q12

A-3tan® g lo

L J? ca-1

. g .
IPRG3 = - = €1 - Jra-tane) ~ LgC1 12

b L c—a+1

A-2tan® g lo -J8.J12

IPRGY = -

J7 a
LC

IPRGI0 = - Z5ame Lg%

-J8-J13

I J6 i
L c. %12

IPRGIT = -—T5an8 ~ (A-tans)(A-2tane) ~Lg";

J14
L C-2a+1

2(A-tan®) “glo -J9-J13

IPRG12 = -

1 (Clo 1
IPRG13 = tan?6\ 3 IPRG1 -—E-IPRGS)

1 C
_ lo
IPRG14 = tanze(~IPRG2 + - IPRG3)

(C IPRG2 + IPRG‘)
lo

(—Clo IPRGY + tane'IPRGS)

~-atl
lo
2tan

1 c

IPRG17 = w——F—— IPRGY9 +

A-tanb -TPRG1
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1
IPRG18 = IPRGS +-Z-IPRGIO

1 -atl
lo
p = e —— 3 .
IPRG19 A+taneIPRG° +-E?E;§ ITPRG3
1
IPRG20 = m IPRGY + IPRG11
1 C—a+1
~ — . pu— zo .
IPRG21 = 2A-tanb IPRG12 ) IPRG10
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TABLE I. - NUMERICAL CALCULATION MODEL
Working fluid . . . . . . . . . . . . . . . . . . . . . . . .. ... .. Water
Fluid temperature, K . . . . . . . . . . . . . . . . . . . . . . .. 293.15
Density, p, kg/m3 . . . . . . . . . . . . . . . . . ... .. ...09.982x102
Viscosity, u, mPa s . O I o To L
Kinematic viscosity, v, m/s .o 1.006x10-6
Journal radius, R, mm . . . . e e e e e e e e e e e e e e e e e . . . .100.0
Seal radial c]earance C o o s e e e e v o .. 0.
Seal length, L. mm . . . . . . . . . . . . . . . . ... .. ... .55to0?205
Groove depth, T, mm . R I ¢
Divergent flow ang]e 0, deg e e e e e e e e e e e e e e e e e . . 4.0
Journal rotating frequency, N, rpm . . . . . ..o 2000 to 8000
Pressure difference, AP, MPa . . . . . . . . . . . . . . .. . . .0.49 to 4.9
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Figure 2. - Streamlines and coordinate system for seal analysis.
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Figure 8. - Influence of ratio of land width to groove width plus land width ng
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ROTORDYNAMIC COEFFICIENTS AND LEAKAGE FLOW

OF PARALLEL GROOVED SEALS AND SMOOTH SEALS

R. Nordmann, F.J. Dietzen, and W. Janson
University of Kaiserslautern
German Federal Republic

A. Frel and S. Florjancic
Sulzer Brothers
Winterthur, Switzerland

Based on Childs finite length solution (ref. 1) for annular plain seals an ex-
tension of the bulk flow theory is derived to calculate the rotordynamic coefficients
and the leakage flow of seals with parallel grooves in the stator. Hirs turbulent
lubricant equations are modified to account for the different friction factors in
circumferential and axial direction. Furthermore an average groove depth is intro-
duced to consider the additional circumferential flow in the grooves. Theoretical and
experimental results are compared for the smooth constant clearance seal and the cor-
responding seal with parallel grooves. Compared to the smooth seal the direct and
cross-coupled stiffness coefficients as well as the direct damping coefficients are
lower in the grooved seal configuration. Leakage is reduced by the grooving pattern.

INTRODUCTION

An important assumption for the reliability of high speed centrifugal pumps is
a good rotordynamic behavior. Connected to this problem hydraulic forces acting on
the rotor are of major importance. It is well known that neck or wear-ring seals as
well as interstage seals (fig. 1) may have a large influrence on the bending vibra-
tions of a pump rotor. Besides their designed function of reducing the leakage flow
between the impeller outlet and inlet or two adjacent pump stages, respectively, the
contactless seals have the potential to develop significant forces. This type of
forces created by lateral rotor vibrations can be described by stiffness-, damping-
and mass coefficients in a linearized model

-—

For rotordynamic calculations of multistage pumps the machine designer needs to

know this dynamic characteristics of the actual seal configuration. For smooth seals,
where both stator and rotor elements have the same smooth surfaces, analytical and
experimental investigations have been carried out (ref. 1,3,4,5). The results con-
firm the validity of equation (1) and dynamic coefficients can be predicted by the
finite length solution derived in ref. 1 with sufficient accuracy. A finite length
solution is also available for seals with different but directionally-homogeneous
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surface roughness for the rotor and stator elements (ref. 2).

The subject of this investigation is a seal type with parallel grooves in the
stator element and a smooth surface in the rotor element. Concerning the leakage
flow, this type of seal is more effective than the pure smooth seal, because of
higher friction in the axial direction. However, if pump rotordynamics is important
the dynamic seal coefficients have to be known. Up to now the stiffness and damping
characteristics of grooved seals and their influence to the stability and unbalance
response of pump rotors is not well investigated and there is a need for additional
research in this area.

At the present time, there are only a few techniques available in the technical
literature. Black and Cochrane (ref. 6) have improved their earlier theory for smooth
seals by introducing an equivalent length for the grooved section to reduce the cir-
cumferential pressure gradients. Recently, Childs and Kim (ref. 7) have extended
their analysis procedure {(ref. 2) to predict rotordynamic coefficients of grooved
turbulent annular seals.

In the present paper an extension of the bulk flow theory (ref. 1) is given,
to calculate rotordynamic coefficients and leakage for seals with parallel grooves
in the stator. The theoretical results obtained by the developed procedure are cor-
related to experimental results, measured at a seal test rig. Furthermore the grooved
seal results are compared with corresponding data of the smooth seal configuration.

BULK FLOW MODEL FOR SEALS WITH PARALLEL GROOVES

Seal geometry

Fig. 2 shows the type of seal, which is considered in our investigation. It
consists of a smooth rotor and a circumferentially grooved stator. The seal has the
radius R, the length L and may have different clearances at the entrance C_ and the
exit C,, respectively. The groove geometry is described by ‘the groove deptg H_ and
the groove length L, and land length L. . We assume, that the groove depth HR has
approximately the same order of magnitude as the seal clearances C , C,.

In the following derivations the groove geometry is described simp?y by an average

value HR* for the groove depth (fig. 2).

Bulk flow velocities

In Childs finite length analysis (ref. 1) for plain seals a bulk flow model was
used. Following this procedure we introduce the bulk flow velocities U, in the axial
Z-direction and U, in the circumferential direction. The axial velocity U, is con-
sidered only in the region of the actual seal clearance H. Although there”is a fluid
circulation in the grooves: in the Z-direction, this part of the flow is neglected
in our model (fig. 3). In circumferential direction the real velocity distribution
(fig. 3) is replaced by a constant bulk flow Ug, which is assumed to act in the area

of the average seal clearance H¥ = H + H_¥. At the rotor surface the fluid velocity
is Rw with the shaft angular velocity .

Fig. 4 points out the variables of the bulk flow model for a seal location with

coordinates Z and ©: the two mentioned velocities UZ’ Ug, the fluid pressure p and
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the local clearances H, H¥ = H + HR*. All quantities depend on the coordinates 7
and ® and the time t, as well.

AR TN

Wall shear stresses

Concerning the wall shear stresses at the rotor and the stator we refer to Hirs
formulation, expressing the shear stresses by an empirical function of the bulk flow
velocity relative to the wall. First we apply this relation for the rotor assuming
a smooth surface in the two directions. With the bulk flow velocity V :[(U@-Rw)

+ Uz]T/ relative to the rotor surface (fig. 5), we obtain R

m
2H VR R p

T = n_ ( ) =V = C

R R 5 R v (2)

n,, my are empirical turbulence coefficients, p is the fluid density and v the kine-
matic viscosity of the fluid.

With the relations of figure 5 we can determine the components of the rotor wall
shear stress

(Ue-Rw)/V T, = T UZ/VR (3)

Tro® Tr R RZ R

Contrary to the definition of TR in equation (3) we use a slightly different form
and define ¢ with the seal clegrance H¥ instead of H, which is used for T in the

axial directggn. After some steps we obtain from equations (2) and (3) RZ
Np n* Mg My Ue-Rw 2 (HmR)/2
To =3 0 Uy (Ug-Rw) (5 ) " B {1+ in )} (4a)
n m -Re 2 (g ) /2
T, = —B-p U 2 R R {1+ ) | (4b)
RZ 2 Z a UZ
2H UZ
Wwith the axial Reynolds number Ra = .

Caused by the parallel grooves the stator has different friction characteristics
in the two directions. In axial direction it behaves like a rough surface. For the
circumferential direction we assume a smooth surface. Again we refer to Hirs formu-
lation &nd exg§?§§ the wall shear stress Ty in dependence of the bulk flow velocity

- 2
VS = (U@+ UZ

2

- e
T. = C > Vs

3 S (5)

In the case of the grooved stator the triangle ratios of figure 5 are not quite
correct. Nevertheless, we still use the relations and express the shear stress compo-
nents approximately by

= U (6)

Tsp * s YolVs 5 Tgg = Tg Uy
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The resultant friction factor CS (eq. 5) can be introduced by the following
superposition rule

2 2 2 .2 1/2
CS = (%E cos @ + CSZ sin"Q)
*
. =n (2Hv5> "so (7)
S6 T TSse v
m
2H V S7Z

Cor = n (—>)

SZ SZ v

Nggr Dz mSD’ Mg, are empirical turbulence coefficients.
Formula (7) describes the change of the resultant stator friction factor C_. in de-

pendence of the local flow angle ¢ (figs. 5,6). If we consider one of the Special
cases, e.g. a pure flow in axial direction, we obtain

UZ = VS’ U@ =0, o = /2, sinp = 1, cosp = O
_ - - 042
Cs = Cs75 Tg9™ O Tgz = Coz 2 Uy
From equations (5), (6), (7) we finally end up with the two shear force compo-
nents
H*mS@ ng L U@ 5 (1+ms®)/2
- 1" el — —
Tgg = Co" ) > o U, Ug R, {1+ (Uz) } (8a)
(T+m__)/2
. nSZ 5 mSZ { U@ 2} SZ
C.', C§ are defined in the Appendix. (8a) and (8b) can be compared with prior re-
sults from Childs and Kim (ref. 2). They differ only in the coefficients C_', C_".

S

BULK FLOW MOMENTUM AND CONTINUITY EQUATIONS

Figures 7 and 8 show a differential element of the fluid having the dimensions
Rde, dZ, H(Z,0,t) or H¥(Z,0,t) respectively. The upper and lower surfaces cor-
respond to the rotor and stator seal elements and have the velocities Rwp and zero -
Figure 7 points out the bulk flow velocity components U, and U, with their changes
in axial and circumferential direction along the elemen%. For the derivation of the
momentum equations the wall shear stresses T, T and the pressure p at the different
seal surfaces have to be taken in account (f%g. E). Summing forces in the two di-
rections for the free body diagram leads to the axial and circumferential momentum
equations 9 and 10, respectively
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Ip 3u U 3U U

— - Z _Z _2y _ x g 9
- Hogg = TgptTpg + PB (5= + Uy 57 + Ug Rae) pHg* U, Rog 0 (9)
H* 3p 3U. U, aU 3u U
) © "0°0 0 * S
"% 0 TsotTro t PR rx e v o) - PHRT U7 = O (10)

In comparison to the derivations of reference 2 both equations have an additional
term with the average groove depth H_¥, expressing an added momentum change caused
by the grooves. Furthermore the shear stresses are different as described in equa-
tions (4) and (8). Note that H¥ is used in the circumferential momentum equation.

The bulk flow continuity equation (11) also has

oH 1 9 HU@ J HU 1\ BUe
—_—t = (=== —

Z -
sty o)t gz ) R kT o3 70O (1)

an added term resulting from the flow difference in circumferential direction in
the area of the grooves. If we substitute the shear stresses T.., Toos Tams T by
the velocity-dependent formulas (4) and (8) we obtain the comp%éte gélk §?ow ggua—
tions (see Appendix A), which can be used for further analysis. By introducing the
following variables

- ~ -2
u, = UZ/V, Ug = QJ/Rw, p = p/oV
h = H/C, T=t/T, z = 2/L, C= (C_+C /2
T = L/V, b = V/Rw, v average axial velocity

the equations can be treated also in nondimensional form.
PERTURBATION ANALYSIS

In the further analysis we follow strictly ref. 2. The governing equation (9),
{10), (11) or the corresponding equations in non-dimensional form define the bulk
flow velocity components Ugs U, and the pressure S as a function of the variables
RO, z and the time 1. The expafision of this equations in the perturbation variables

Uy, = Uy T E Yz B = Lbo+ €u®1 (12)
~ ~ ~f
h = hO + € h,l P = po + € p‘l

with the eccentricity ratio € = e/C yields zeroth-order and first-order perturba-
tion equations.
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Zeroth - Order - Equations

The eccentricity ratio € = O describes the centered position of the rotor in
the stator element. If we introduce u_ _, u o? h and p_ in the nondimensional bulk
flow equations, we obtain the following zeroth order perturbation equations.
Axial Momentum Equation:

3p. 1
0
—_ - - 13
- 3 {OR R * 95z %osz De + 4q] (13a)
dz 2f

Circumferential Momentum Equation:

Bueo 1 ho* me ho* mSO
——= - =5 {(Fo—) 0p 2oy (Ugo=1) + (-k?) 002050 D2 Yg } (13b)
Contuniity Equation:
S . (13c¢)
z0 ~ h
o
The parameters of these equations are defined in Appendix B. h = f is the dimen-
sionless clearance function for the centered position and q = ?CO—C )/ (C +C.) is a
measure of the degree of taper in a seal. For the constant clearance sea?, %reated

later in this paper, it follows q = O and ho = 1. The quantities OR, Osz and GS

are defined by ©

Q
1
ol
>
[}
ol
>
Q
i
alt
>
-
il

a
Sz

with the wall friction factors

m (1+m_)/2
Ny =g R R +—1§) :
4b
m (1+4m__)/2
xsz = Ngy Rao s —150 > (15)
4b
ms@ 1 (1+ms@)/2
A =n . R 1+ —)
s0 sO " ao 4b2

The solution of the zeroth order equations define the steady state leakage and
the development of the circumferential velocity u_ (z) due to wall shear. In general
the coupled and nonlinear equations have to be solVed iteratively to determine the
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leakage flow corresponding to a specified pressure drop. A leakage coefficient C

can be introduced for the leakage/pressure drop relationship d

_ 07 2 (16a)
APO— Cd 5V

In formula (16a) the pressure drop at the entrance

o -
ap! =t ST C (16b)
2

(1+q)

is included. For the special case of a constant clearance seal without fluid rota-
tion we obtain the simple relation

apo P = 2
5z ~ ~ wR +Osz)§-v (7

which can be used to determine the empirical coefficients n m

m., n
R’ "R’ sz’ “sz

First order equations

The first order equations describe the pressure and flow conditions due to a
small seal motion about the centered position. Their derivation is relatively ex-
tensive, therefore we mention only some important steps in the solution procedure,
following again references 1,2. To find results for the first order guantities u_,,
Ugqs Pys the time and O-dependency is eliminated by the assumption of a harmonic
pressure and velocity distribution in circumferential direction and by introducing
a circular harmonic seal motion with the relative radius r_ = R /C and the frequen-
cy Q. In this way the first order equations are reduced td a system of three cou-
pled, complex ordinary differential equations for the complex unknowns U 11 Yo and

Pqs which now depend only on the axial coordinate Z.

~  — -
Y21 L 211 F2 A3 Y21 &
0z Yor 7F | %21 o o3 Ugr ¢ = T4 & (18)
[ Py J #3171 %32 P33 Py &>
The 3x3-matrix A has the following elements
- _ . - o S * . -
a;q = 2q/f a5 = J ol £*/£ a13 =0
- % . - £% ; . - _if%
a21 = f A3@ 5 a5, = f (A26+JTT) ; a23 = -jf¥b(L/R)
- 2 ST - TE* /£2 1 % 2y, -
ay, = A3z + 2g9/f7 + jI'T; ay, = A22+Jwa /f +J(L/R)HR/(bf ) ayy = 0
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with T = Q—wueo(z), T = L/V
and the right hand sight consists of
g, = 24/ + T/t

- ¥
g, = ~T*hyg

4 . 2
8y = —(A1Z + 2q9/f + JjIT/£7)

, A

z A are expressed in Appendix B.

2z’ 3z

With the boundary conditions of ref. 1 the equations (18) can be solved and
yield the solution for the velocity and pressure field of the form

The parameters A1®’ AZQ’ Agg’ A1

[um] . Fro* 3 fhg
R TS 1
[pw fio 3 T3y

Dynamic Coefficients

From the pressure field solution of (19) the reaction force components acting
on the rotor due to the circular shaft motion can be determined by integration of
the pressure along the seal and in circumferential direction. As pointed out in ref.
1 the nondimensional form of eqg. (1)

[~ o~ a~ M ~ ~ .

J/Fx‘l K Kk X C C X

__.1___ ] = -~ -~ + T ~ .

TRApP l\FyJ -k K y -C C y
[ ‘[\E ~ 1 '
m X

+T2 o - (20)

-m M y

can be used in the definition for the radial and circumferential components of the
reaction force

F 0T . o , 2 L
- —W: K+ c (QT) -M (RT)° = C~d (5 ({ £y (z) dz
(21)
Fol0T) o ., 2L
W: kK - C (QT) -m (T)° = E; () [ £, (2z) dz




Finally the dynamic seal coefficients K, k, C, ¢, M, m can be found by a least
square curve-fit-procedure applied to the right hand side of equation (21).

Applicability of the derived equations

The presented equations can be applied for smooth as well as grooved seals.
Furthermore it is possible to investigate constant clearance and tapered seals. All
equations are expressed in a form corresponding to prior derivation from Childs
(ref. 1,2). Therefore it is easy to reduce the general form into simpler expressions
and to compare them with prior equations. In the special case of a smooth constant
clearance seal it follows HR = HR* = O0; H = H¥; Np =0, =Nng5 My =m = Mo’

C =C"=1,q=0 and h_="1.
aT1 further parameters, 8specially those defined in the Appendix are changing for
this special case and the resultant equations coincide with the equations in ref. 1.

THEORETICAL AND EXPERIMENTAL RESULTS
FOR SMOOTH AND GROOVED SEALS

The objective of the theoretical and experimental investigations is to check
the usefulness of the developed model for grooved seals. For this task predicted
and measured dynamic coefficients for grooved seals are compared. It is of further
interest to point out differences of leakage and rotordynamic coefficients for smooth
and grooved seals.

Geometry of the Test-Seals

The two seals which have been investigated are shown in fig. 9. Seal C) is a
smooth constant clearance seal without any grooves, seal has eight parallel
grooves in the stator. The rotor elements are considered to be smooth. Both seals
have the following data: radius R = 23,5 mm, length L = 23,5 mm, constant clearance
C = 0,2 mm. For the grooved seal the groove depth is HR = 0,5 mm with LG = 0,7 mm

and LL = 1,5 mm.

Test Rig for Seal Investigations

With the test rig shown in fig. 10 the leakage flow as well as the dynamic seal
coefficients can be determined by measurements. The cross section shows two seal
inserts integrated symmetrically in a very rigid housing. A stiff shaft, driven by
an ac-motor, rotates inside the housing and acts as the second part of the seal.

The hcusing is flexibly supported by eight beamlike springs and therefore a pure
lateral motion relative to the shaft is specified. In the operating condition water
with 30°C is entering the housing in the center, flows through the two test seals and
is exiting the housing at both ends.

To characterize the fluid state several pressure and temperature pickups are
distributed at the test apparatus. The fluid velocity, determined from the mass flow
rate, was measured in the supply line. The housing can be excited by test forces,
which are measured by a force transducer. To detect the resultant motion of the
housing relative to the shaft eddy current-pickups were used.
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For the steady-state leakage measurement the housing is fixed in a centered
position and the mass flow rate and the pressure drop are taken by measurements.
With this test data and additional informations concerning the fluid the leakage flow
and the empirical turbulence coefficients can be found.

The experimental determination of the seal dynamic coefficients works with a
parameter identification procedure. In the measurement step test forces are applied
to the housing in radial direction and with the measured relative motions between
the two seal surfaces mobility frequency response functions can be calculated by
Fast Fourier Transformation. Corresponding frequency response curves of a seal test
rig-model are fitted to the measured functions by variation of the seal dynamic coef-
ficients. The identification procedure is described in more detail in ref. 4,5.

Leakage Performance

To compare the leakage flow of different seal stators the leakage coefficient
C, is defined as follows

L
on
Q= c. 2nR° /—po (22)
L 0

Q is the volumetric steady state flow rate measured at the test rig and Ap the cor-
responding pressure drop. C. is a nondimensional relative measure of the leakage
expected trough seals with the same radius. Fig. 11 illustrates measured values CL
for the two seals without grooves and with grooves. The grooved seal C) has a
leakage coefficient, which is about 15 % lower than that of seal C) without grooves.
Both leakage coefficients increase slightly with the pressure drop Ap.

Empirical Turbulence Coefficients

In the described analysis the friction factors x_., A __, A were characterized
in terms of the empirical turbulence coefficients (eq. 15%? Th%@e empirical coef-
ficients have to be determined from static test data before a theoretical prediction
for the seal dynamic coefficients is possible. Leakage rates and pressure gradients
are measured for this task. The steady state axial pressure gradient is described

by eq. (17)

3P,

i) P -2 (17)
aZ

-7 (OR * Osz) §-V

With the measured pressure gradient, the velocity V and the density p the combined
g-values in parantheses can be calculated. We start with the smooth seal configu~
ration and suppose that o, can be applied for both the smooth rotor and the smooth
stator. From eq. (17) we obtain 2.0, and the friction factor A_, respectively. The
second test is carried out with the smooth rotor and the grooved stator. From the
measured quantities for this case first of all only the combined friction factor
(o, + 0__) 1is known. With the value o_ from the first test o . and the corresponding
A can'be calculated. Fig. 12 shows}%he two friction facto;”xR and A__ in dependence
the axial Reynolds number Ra . The grooved seal (:) has approximately e double
friction factor compared to %he smooth stator of seal
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From the ) versus R__ data the empirical turbulence coefficients ng, Mgy Ngys
m are calculated with & least square procedure, based on equations (f%).
“The following values were obtained (fig. 14):
n = 0,062 ; m = - 0,22
: : (23)
ng, = 0,058 ; m = - 0,13

Concerning the values n_ , m_ , we assume, that the smooth surface constants are
relevant. 0 0

Dynamic Coefficients, Influence of the Groove depth

With the presented analysis we can now calculate the dynamic seal coefficients.
The numerical procedure is applied to determine especially the stiffness and damping
coefficients K, k, C, ¢ for seal C) in dependence of the rotational speed and the
average groove depth. The axial Reynolds number R is kept constant in this in-
vestigation. Besides the seal geometry (fig. 9) riPther input data are as follows:

Fluid data for water with 30°C

Axial average velocity V = 16,46 m/sec
Entry swirl QDO: 0,2 Rw
Inlet pressure loss £ = 0,5

Describing the friction behavior, the empirical coefficients from (23) are used
(fig. 14).

To point out the influence of the groove depth, different values of H_* are
assumed (figs. 13,14). Taking the average depth from a geometrical approximation
(sum of the upper areas equal the sum of the lower areas) we obtain H_* £ 0,1 mm.
The selected values for the calculations are H_*¥ = 0; 0,1; 0,2 mm. Note that the
empirical constants are held constant in this Investigation.

Fig. 13 illustrates that the direct stiffness and damping as well as the cross
coupled stiffness are reduced by H_¥, there is a weak influence to the cross coupled
damping. An increase of HR* from O"'to 0,2 mm reduces K about 50 % and C about 37 %,
respectively.

In Fig. 14 the direct stiffness K and the direct damping C are compared for the
two seal types () and (:) . All presented values are related to the coefficients K
and C of seal () without grooves. The results correspond to Rao = 8419 and a rota-
tional speed 4000 rpm. All other data are the same as in the example before. Starting
with the reference seal (1) with empirical constants for smooth surfaces the stiff-
ness ratio as well as the damping ratio are equal to 1 by definition. Seal (:) with
grooves has other constants (fig. 14). If we consider only this influence (change in
friction) and keep the average groove depth constant (H_* = 0Q), direct stiffness as
well as damping increase to 1,12 and 1,19 respectively.” Taking now the empirical
values of seal () constant, an increase of H_¥ reduces both stiffness and damping,
as was shown already in fig. 13. If we compare with corresponding measurement re-
sults, we recognize that the calculation with H_¥ = 0,1 mm yields good results for
stiffness but 15 % too high values for the damping.
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Dynamic Coefficients, Comparison of Test Results
and Theoretical Results

As described before the dynamic seal coefficients can be measured at the seal
test rig. For one working condition with constant rotational speed, axial velocity
and constant fluid temperature four frequency response functions are measured by
exciting the dynamic seal test rig and picking up the response in the two directions.
A computer takes over the measured data and calculates the dynamic seal coefficients
by means of a least square identification procedure (references 4,5). Several meas-
urements were carried out for different rotational speeds but constant axial Reynolds
number Hao and fluid temperature. Fig. 15 illustrates for the two seals with and
without grooves the identified stiffness and damping coefficients versus the rota-
tional speed. The test results show, that neither the direct coefficients nor the
cross coupled coefficients are equal in amount, as expected from theory (eq. 1).

Each of the two coefficients, which should be equal in magnitude, are shown in the
diagram as found out by the identification process. The scatter of the measurement
points is very different. The added mass terms are much higher than predicted by
theory. They are not presented in the diagram.

The fitting curves show the tendency as expected from theory, a slightly para-
bolic decrease of K with the rotational speed, constant direct damping and a linear
increase with the rotational speed for the cross coupled terms k and c.

Seal (:) without grooves has higher direct stiffness and damping terms compared
to seal (:) with grooves. The cross coupled stiffness of seal (:) is also greater
than of seal C) . There is no clear difference in the cross coupled damping values.
Basicly, the different measurement results for the two seal types show the expected
influence of the grooves {(see also fig. 13), reducing especially K, C and k.

In fig. 16 the identified stiffness and damping coefficients of seal C) are
refered to the corresponding predictions from the grooved seal model. There are two
parameters in the model, which can be changed slightly, to obtain a better correla-
tion between measured and theoretical results: the average groove depth H_* and fluid
entry swirl at the seal entrance. It was found, that values for the entry swirl be-

t ween er = 0,1 Rw for low rotational speeds and U@ = 0,3 Hw for higher rotational
speeds and a average groove depth of H_*¥ = 0,1 mm 5ére best suited to fit the theo-
retical values to the test results. The precdicted direct stiffnesses are slightly
lower, the direct damping values about 20 % higher than the measured quantities.

The influence of the axial Reynolds number for a constant rotational speed of
4500 rpm is pointed out in fig. 17. Measured as well as predicted parameters show
the similar trend for the different seal coefficients. K is increasing in a para-
bolic curve, C depends linear on the Reynolds number and the cross coupled terms k
and ¢ behave indifferent.

Finally in fig. 18 the seal model predictions for the two seal types are com-
pared, in accordance to the measurement results in fig. 15. The results are as fol-

lows, an expected decrease of both stiffness coefficients from seal (D to seal @
but a weak difference of the damping parameters for the two seals.
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CONCLUDING REMARKS

A theoretical model, based on Childs finite length solution, is presented to
determine rotordynamic coefficients and the leakage flow of seals with parallel
grooves in the stator. Calculated and measured stiffness and damping values for the
investigated seal with eight grooves show, that the developed model is useful for
the prediction of this seal type.

Concerning the pump efficiency seals with grooves have the advantage of a lower
leakage flow compared to the smooth seal. But the direct and cross coupled stiffness
coefficients as well as the direct damping are reduced in the grooved seal configu-
ration. This has to be considered when rotordynamic problems are important.
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APPENDIX A: COMPLETE BULK FLOW EQUATIONS
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APPENDIX B: PERTURBATION COEFFICIENTS
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The parameters De’ D., D..,D

a> DajiDyq a@re very extensive and therefore not presented.

If desired, they can be obtained by the authors.
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Figure 4. - Variables of the bulk flow model

2
Tg=Cg 0 Vo/ 2

1/2
CS=(C;3cossz + ngsinzkp )
L 2H%, m

m.

WALL SHEAR STRESSES: ROTOR

WALL SHEAR STRESSES: STATOR
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Figure 9. - Investigated seals with and without grooves
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rigure 10. - Seal test rig
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Figure 14. - Comparison of calculated and measured direct stiffness and
damping coefficients for seals 1 and 2

© o]
(0] (o]
610° 2020 00 - S
N Q o [0} © lo) o — c 8@
e 4 1000 - —5oc
g a ] g oa
a
410 T8 Ns SEAL1 ©—0
n - WITHOUT GROOVES
— Ra = 8419 . SEAL 2 O—O
] % 500 WITH GROOVES
210 —5 o -
[N ]
k Mu c aop°
i gt ok | 0.0 oo
8 p 0 L oo g [ 8 o 80
0 ¢ — T 09— T
0 2000 4000 6000 0 2000 4000 6000
ROTATIONAL SPEED RPM ROTATIONAL SPEED RPM

Figure 15. - Measured stiffness and damping coefficients in dependence of
rotational speed for seals 1 and 2

151



| |

—— MEASURED
——-- PREDICTED

Ra,=8419
|

l L8255
G s B

0 2000 4000

k

[2
—

6000

S —
a g0 0
i J/l
1000 -
. ﬁ\ 9
Ns.
m
Ra,=8419
500
C
: %.un-vff Oo
Q
0 *# T ?— —t——]
2000 4000 6000

ROTATIONAL SPEED RPM ROTATIONAL SPEED RPM

Figure 16. - Measured and predicted stiffness and damping coefficients in
dependence of rotational speed for the grooved seal 2

5 7
610 . /
ROTATIONAL | ROTATIONAL ol
N SPEED 4500 RPM SPEED 4500 RPM 7/
- , 1000 /fer
i ——— MEASURED & - A
10 _|_———- PREDICTED ]
4-10 Ns C
=
p— K - ‘
; 500
2-10 -
ef T c Di L
7 K g T ]
8 . S’[ T
0 ‘QI T T 1 T 1 O_CI\ Tt 1 v ] T T T T
0 5000 10000 0 5000 10000

AXIAL REYNOLDS NUMBER Ra, AXIAL REYNOLDS NUMBER Ra,

Figure 17. - Measured and predicted stiffness and damping coefficients in
dependence of the axial Reynolds number for the grooved seal 2

152




610"
A P SO S
K
610 === ==
— Ra=8419
[4]
S
210
_ roat
k PR ,.El"
év:i%;"
0 \ 2 ol
T T —
0 2000 4000 6000

ROTATIONAL SPEED RPM

SEAL1 ©-=0
WITHOUT GROOVES

SEAL2 ©--O
WITH GROOQVES

Ra,=8419

2000 4000 6000

ROTATIONAL SPEED RPM

Figure 18. - Predicted stiffness and damping coefficients in dependence
of rotational speed for seals 1 and 2

153



N87-22207

THEORETICAL APPROACH TO OBTAINING DYNAMIC CHARACTERISTICS OF
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Takuzo Iwatsubo
Kobe University
Rokko, Nada, Kobe, 657, Japan

Bo-suk Yang
The National Fisheries University of Pusan
599, Daeyon-dong, Nam-ku, Pusan, Korea

Ryuji Ibaraki
Toyota Motor Corporation
1, Toyota-cho, Toyota, 471, Japan

In this paper the dynamic characteristics of spiral-grooved seals are
theoretically obtained by using the Navier-Stokes equation. First, with the
inertia term of the fluid considered, the flow and pressure in the steady state
are obtained for the directions parallel to and perpendicular to the groove.
Next, the dynamic character is obtained by analyzing the steady state by ana-
lyzing the labyrinth seal.

As a result, the following conclusions were drawn:

(1) As the land width becomes shorter or the helix angle decreases, the
cross-coupling stiffness, direct and cross-coupling damping, and add mass
coefficients decrease.

(2) As the axial Reynolds number increases, the stiffness and damping
coefficients increase. But the add mass coefficient is not influenced by the
axial Reynolds number.

(3) The rotational Reynolds number influences greatly the direct and
cross-coupling stiffness and direct damping coefficients.

(4) As the journal rotating frequency increases, the leakage flow
decreases. Therefore zero net leakage flow is possible at a particular
rotating frequency.

INTRODUCTION

High-performance pumps, (i.e., those operating at high rotating speed and
high pressure) are used in chemical plants, rocket engines, etc.. These pumps
sometimes yield nonsynchronous vibration that is induced by the journal bear-
ings or noncontacting seals. The instability of rotors supported by a journal
bearing has been studied very well. However the noncontacting seal, which
sometimes induces a nonsynchronous vibration or instability to the pumps, has
not been investigated.
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The dynamic characteristics of some noncontacting pump seals (the annular
plain seal, the tapered seal, and the stepped seal) have been theoretically
investigated by Black (refs. 1 and 2), Childs (refs. 3 and 4), and Yang et al.
(ref. 5), but there have been no investigations using the theory of fluid
dynamics on the parallel-grooved and spiral-grooved seals. Childs studied the
parallel-grooved seal by using only a rough approximation. On the other hand,
the parallel-grooved labyrinth seal has been investigated by Kostyuk (ref. 6)
and Iwatsubo, et al. (ref. 7). For the investigation of the spiral-grooved
seal, we studied steady-state characteristics from the viewpoint of leakage.
This study was based on investigations of the spiral journal bearing; that is,
Whipple (ref. 8) presents a basic idea to analyze the characteristics of the
thrust spiral-grooved bearing, Vohr (refs. 9 and 10) and Passera (ref. 11)
present an approximate method using creeping flow analysis (which assumes that
the groove number is infinitely large), and Zuk (ref. 12) analyzes the static
characteristics of the spiral-grooved seal by solving the Navier-Stokes equa-
tion with a finite difference method. But all these analyses are for the
static characteristics and there are no investigations of the dynamic
characteristics.

This paper presents an analytical method to obtain the dynamic character-
istics by solving a Navier-Stokes equation with the perturbation method. First
the steady-state flow and pressure distribution in the axial direction are
obtained by considering the pumping effect due to the spiral groove. Then the
dynamic characteristics are obtained at the steady-state condition, and the
dynamic force is represented by the matrix form.

SYMBOLS
Czo mean clearance
D seal diameter
F flow induced force
H thickness of fluid film
IS thread number
L seal length
Lg groove width
LZ land width
ng LZ/Lg
LS number of lands for one thread
NN number of land and groove sections
P pressure
AP pressure difference
0 leakage flow rate
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R journal radius

Ra axial Reynolds number

Re Reynolds number

Rr circumferential Reynolds number
T depth of ditch

t time

u circumferential fluid velocity
w axial fluid velocity

X,¥,Z coordinates (see fig. 2)

a spiral angle

€ perturbation coefficient
o divergent flow angle

A friction coefficient

H viscous coefficient

E loss factor

t,n,{ coordinates (see fig. 2)

P density

T shear stress

Subscripts:

a axial direction

c radial direction

d ditch (mainly used for vortex in ditch)
ex exit

f between clearance flow and cavity flow
g groove

in inlet

J journal

l land
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m mean velocity

r circumferential direction
S casing
(%) time mean

GOVERNING EQUATION AND MODELING OF SPIRAL-GROOVED SEAL
Governing Equation
Figure 1 11lustrates the geometry of the spiral-grooved seal. Under the
usual assumptions for problems of through flow across annuli with fine clear-
ances, the continuity and momentum equations are represented as follows
(ref. 13):

Continuity equation,

3H . 3(Hup) 3 (Hwp)_g

+ (1M
at ox 93
where uy and wy are mean fluid velocity components in the tangential
and axial directions. )
Momentum equation in the x-direction,
H
3 P
pH{ J¥m 4 um.a_uln_ + wméﬁm_ }= —H?_. + Ty 0 (2)
9t 9z 9z ox
Momentum equation in the z-direction,
3w w 3w Ya " |
pE{ M 4+ M 4 M Y= —HID + Tgg (3)
ot oz 93 90z 0

Modeling

There are three kinds of spiral-grooved seals, (1) those with the groove
on the journal (fig. 1), (2) those with the groove on the casing, and (3) those
with grooves on both journal and casing. In this paper the seal with the
groove on the journal is analyzed. Figure 2 is an expanded figure of the
spiral-grooved seal. Configuration parameters are indicated on this figure;
these are spiral angle «, land width LZ’ groove width L4, seal diameter

D, and thread number 1Is. These parameters are related as follows:
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L = wDtana X% Ls Lg =—7 X (1 - ng )
rDes y (4)
_ sina
by = i X ng

where Lg 1is number of lands for one thread in the axial direction and

L;g = L;/Lg. For the analysis two coordinates are used: one is the
n-y-¢ coordinate, which is used for the static analysis and the other is the
x-y-zZ coordinate, which is used for the analysis of dynamic characteristics.

For the analysis the following are assumed:
(1) The fluid is Tiquid and noncompressible.

(2) Flow in the land in the n-direction is assumed to be a flow between
two parallel plates, and flow in the groove is assumed to be a flow in a rec-
tangular cross section and is approximated to the flow in a circular tube.

(3) Flow in the ¢-direction diverges with the angle © and goes to
the next land.

(4) The vortex is formed in the ¥-direction of the groove. But the
heat energy is negligibly small.

(5) When the journal deviates a 1ittle from the center, the streamline in
the groove deviates in the same manner.

DERIVATION OF SHEAR STRESS IN MOMENTUM EQUATION

The shear stress term of equation (3) is derived for the spiral-grooved
seal. The friction coefficient of the annular seal is represented by a
Reynolds number (ref. 14). But it is very difficult to represent the friction
coefficient of the spiral-grooved seal in the same way because the groove is
spiral. So the friction coefficient equation derived by Hirs (ref. 15) is used
in this analysis. The equation of the friction coefficient between two plates
is represented as

-0.25%
A\ = 0.066 Re (5)

where the velocity used in the Reynolds number is the equivalent mean velocity
that includes the pumping action of the spiral-grooved seal. This equivalent
mean velocity is used to obtain the shear stress.

Land
The shear stresses of the casing and journal parts in the axial direction
(z-direction) T1sa»Tzja are represented by the formula for the flow

between two parallel plates,
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0.25

g -
1 - 1
=-E-pk w2 xla = 0.066(——%_1) (6)

T == la Iim

lsa lia

Therefore the shear stress term of equation (3) becomes as
i 1

T =T - T = 2.0

2
ta lja lsa 2 Zawlm (7)

Groove

In the groove, flow is divided into two regions: the jet flow region and
the vortex region. The shear stress of the casing part of the jet region in
the axial direction <453 1s represented by the formula of the flow
between two parallel plates,

_ 1 2 )\ _ wgmH ~0.2 8§ 8
Tgsa = E-plgawgm ga = 0.066 "TTiZ (8)

It is assumed that the energy loss in the groove vortex region is represented
by the friction loss between the clearance flow and vortex flow. Assuming that
the friction between the vortex and the jet flow Af is 0.1 and that the
axial velocity component of the vortex wgy 1s set to one-half of the jet

flow wgy (ref. 16), the shear stress of the flow Tgfa becomes

- _1 _ 2 _ 1 2
Tgfa = 3 plf ( wgm W ) = - p0.25)\fh)gm (9)

Therefore the shear stress term in the groove is obtained from equations (8)
and (9) as

H

_ N 2 _ 1
T =T - T = 2 p0.25lfmgm 3 pA

ta 0 gfa gsa gawgm

1 2
-—E-p(lga +0.25kf )wgm (10)

DERIVATION OF STEADY FLOW AND STATIC CHARACTERISTICS
Axial and Circumferential Velocity of Steady Flow

As described before, the n-y-¢ coordinate system is used for the ana-
lysis of static characteristics. References 10 and 11 describe investigations
of the static characteristics of the spiral-grooved seal. In these investiga-
tions, the residual seal pressure is obtained when seal leakage becomes zero
because of the pressure induced by spiral pumping action. This residual pres-
sure is a function of the seal configuration, and the seal coefficient can be
represented by the nondimensional form. Boon et al. (ref. 17) obtained the

160




seal coefficient of laminar flow, and Mori, et al. obtained the same by exper-
iment. The seal coefficient S.C.y3pypar for the laminar flow is

EURw\ /AP .
5.C. ) - laminar
laminagr c? L

lo

k¥(1+tan?a)+L, (1-L, )(x3-1)2tan?a
lg lg

= (1)
L, (1-L, )(x%-1)(k-1)tana
lg lg
where « = Hg/He. THe pressure induced by the spiral pumping action
APlaminar for the laminar flow is
- 3— -

AP _ 6uRwL' ng(l ng)(K 1) (k-1)tana .

laminar 2 3 2 - 3_q)2 2

€1, ¥ (1+tan a)+ng(1 ng)(K 1)*tan‘a

Vohr (ref. 10) compared the seal coefficient for turbulent flow with that for
laminar flow by experiment. He obtained the pressure ratio Cy of the seal
coefficient of the turbulent and laminar flow as

_ APturbuZent

= 0.778
= . = 0.0159 Rr (13)
Plaminar

Then the pressure APtyrpylent 1nduced by the spiral pumping action in tur-
bulent flow is

0.0951uRwLR™77®
AP r

turbulent 2
¢
o

ng(l-LZ

k¥(1+tanla)+L

J(k3-1)(k-1)tana
% g

(14)

_ 3_12
zg(l ng)(K 1) %tana

Since the pressure difference equation (14) acts to resist the pressure differ-
ence in the seal AP, the pressure difference in the seal becomes smaller than
the pressure difference between both seal ends. This pressure difference is
called the apparent pressure difference AP'; that is,

AP" = AP - APturbuZent (15)
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This apparent pressure difference acts on the seal and on the fluid flow in the
seal. This flow s separated into n- and ¢-directions and the fluid veloc-
ities in each direction and in each part are derived in order to calculate the
dynamic-flow-induced force in each stage. Then total force is obtained by sum-
ming up the lateral force of each stage.

Fluid velocity paraliel to groove direction for land. - The relation
between the pressure and velocity within the two parallel plates is also con-
sidered in the land region;

2L

AP = p(1+§ )

oot

2 _l_ b 2 . .
inin wZno * 2 P anlno Cc, sitna

lo

c 2
1 _ lo 2
* 3 p(l CZO+T°=)"’Zno (16)

The first term on the right-hand side of equation (16) represents the inlet
pressure loss. The inlet pressure loss of the land i1s larger than that of the
groove because the inlet clearance of the land is smallier than that of the
groove and because the fluid flows into the groove. The second term on the
right-hand side of equation (16) represents the pressure loss due to wall
friction. The third term represents the outlet pressure loss. The value A
is obtained using equation (5), and ¥;nin 1is the inlet pressure loss

coefficient, which is 0.5 for the first stage and is represented as follows
after the second stage:

n

Elnin = 1+0.8248, - ( 1+0.8248; ) (Hy/H, )2

8, = 1.95( uyghy / v )~0+43 (17)
6 = 1.95( wpghy / v )70r43

Therefore if equation (14) is iteratively calculated so that wy,g 1in
function A coincides with W1n0 in equation (16), the flow velocity of the
land wzn 1s obtained.

Fluid velocity parallel to the groove direction for groove. - Since the
groove is deep enough, the groove is considered to be a rectangular pipe and
can be approximated as a circular pipe. The equivalent radius of the rectan-
gular pipe MG (ref. 18) fis

L (CZo+T)

MG = 9
+
2(Lg ¢, 1)

(18)

The friction coefficient of the turbulent circular pipe ag (ref. 18) is
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R 4MG)-°'2 S

w
= no

Therefore the apparent pressure difference AP' 4s written as follows:

L 1

- 1 2 1 2
AP” =—=-p(1+ . + = —g . —
2 ol Egntn)wgno 2 p)‘dwgno sina MG

1 €, *T 2 ,
+7p 1-0—10+Tm wgna (20)

In this equation the first term on the right-hand side represents the inlet
pressure loss of the groove. This inlet pressure loss is smaller than that of
the land, because the groove has a larger cross section than the land and
because the 1iquid flows mainly into the groove. The second term represents
the pressure loss due to wall friction, and the third term represents the out-
let pressure loss of the seal. After Egnin is obtained by using equa-

tion (17), the velocity in the groove in the n-direction wgn0 1is similarly
obtained by iteratively calculating equation (20).

Fluid velocity perpendicular to groove direction. - The flow in the
{-direction is derived by a method similar to that used to obtain the steady
flow of the parallel-grooved seal. Conventional evaluation of the loss of the
groove region was not clear. Yamada (ref. 19) obtained the friction coeffi-
cient of both the land and the groove by experimental methods. According to
his results, as the groove region increases in relation to the land region, the
friction coefficient increases as shown in figure 3. This friction coefficient
is represented by using the results of reference 19

-0.24 1-L
A = 0.26-Re -3.31 9 (21)

From the pressure drop relation the following is obtained:

)‘(LZ+Lg) = xZLZ + Ang (22)

where A7 is a friction coefficient of flow between two parallel plates. Then
the friction coefficient of the groove xg is obtained from equations (21)
and (22),

1-L L 1-L
Ay = 026 Re~0-24 {3.31 lg +TZ( 3.31 9 _q )} (23)
g

Therefore the apparent pressure difference in the ¢-direction is obtained
by summing each stage of the land and groove, respectively,
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AP”® =.1.p(1+5 L Jwl +NN~1- AL w? _Efl.
2 gin’ " 1%o 2 PM1e%1¢c0 PR

L c 2
1 2 g 1 lo 2
4-(NN-1)~E-pkgwlcO zclo ‘+—§ D<1—EZ;;T;> wZCO (24)

In this equation the first term on the right-hand side represents the inlet
pressure loss of the seal, the second and the third terms represent the pres-
sure loss due to wall friction, and the fourth term represents the outlet
pressure loss of the seal. The term N in this equation js defined in
equation (5), tzin 1is defined in equation (17) and NN 1is the number

of the land and groove sections in the ¢-direction. Then the velocity in
the ¢-direction w;,0 is obtained by a similar iterative calculation.

Fluid velocity in circumferential and axial directions. - The steady-flow
velocity in the x- and z-directions is obtained from the previously calcu-
lated steady-flow velocities Winos Wgnoo and Wiro by translating the coordi-
nate system as

U7, cosa -gino wlno ugo cose =-s8ina wgno
= . = . (25)
o w
vy, sino cos wZCo go sina cosa wg:o
where u';o and o are the velocities relative to the journal. There-
fore the abso]ute ve?oc1t1es in the circumferential direction become
Ui, = vV - U, ugo =V - ugo (26)

Leakage Flow Rate

Because the leakage flow rates of the land and groove are different, they
are considered separately. The leakage flow rate for the land is represented
by the relation of the cross-sectional area and velocity,

1g [RT#C1,
QZ = Is x-f;- rep w102wrdr = HCZO{Z(R+T)+CZO}LZngO (27)

The leakage flow rate for the groove is derived by separating the clear-
ance flow from the cavity flow. The leakage flow rate of the clearance fiow
in the axial direction is represented as
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L /sina
g w_ e x
ge s/ 4 go go

c, L
1 . lo g
Is[z Lg(ZCZO+LgtanG)wgnoszna+zzzg_ wlCOJ (28)

The leakage flow rate in the cavity is represented by the axial component of
cavity flow as

- __1g
di Is X — w 02nrdr
s R
= M(T+Cy I (2RHT+Cy ) (1-Ly Ju (29)

Therefore the total leakage flow rate for the groove is

9 = %o * % (30)

and the total leakage flow rate Q becomes

Q = QZ + Qg = ncZo{z(R+T)+CZO}L w

lg lo

C, L
1 . lo
+Is[3-Lg(ZCZO+Lgtan9)wgnoszna+gzg§£ wlCo]

+w(T+C o)(2R+T+C

z Zo)(l-LZg)w (31)

go

Figure 4 shows the leakage flow rate for three types of seal and for
L/D = 1.0, a rotating speed of 4000 rpm, and a radial clearance of 0.5 mm. The
leakage flow rate for each seal type increased as the pressure difference
increased. The leakage flow rate for the paraliel-grooved seal was less than
that of the land seal. For the spiral-grooved seal, if the spiral angle was
small, the leakage flow rate was less than that of the parallel-grooved seal,
but if the spiral angle was large, the leakage flow rate was greater than it
was for the paraliel-grooved seal. For the spiral-grooved seal, if the spiral
angle was small and the land width was large, or if the spiral angle was large
and the land width was large, the leakage flow rate decreased. For this reason
the groove is important for the screw pumping action.
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Figure 5 compares the calculated Teakage flow rate with experimental
results (ref. 20). The groove was on both the journal and casing in this
experiment. In the low-speed range the calculated and experimental values were
very close, and in the high-speed range the leakage flow rate tended to zero
because of gas ingestion phenomenon.

DERIVATION OF PRESSURE DISTRIBUTION

To linearize the equations, a first-order approximation is performed. It
is assumed in the linearization that the center of the journal coincides with
the center of the casing and that the journal perturbs close to the center.
Then the values of fluid film thickness H, pressure P, mean velocity in the
z-direction wy, and mean velocity in the x-direction uy are written as
follows:

H=C + €y P=P0+EP1
° (32)

where Cqy, Pg, W, and ug are the steady-state values and y, Py, wy, and
up are the perturbations. The perturbation term in the circumferential
direction is neglected because the spiral angle o« s usually small and uy
is sufficiently smaller than wy.

Pressure Distribution in Steady-State

The steady-state pressure distribution is obtained by substituting equa-
tions (7), (10), and (32) into equation (3) and taking the zeroth-order approx-
imation. The pressure gradient of the land in the axial direction is given by

eP 0.132
lo _ _

] c

c W —0.25
1, ( lo w)
I\ (33)

1o 2 v

The pressure gradient of the groove in the axial direction is given by

BPgo 1 ) ngo ow o

where Cqo and wgo are functions of z and are represented as

c, w

_ _ lo lo
Cgo = CZo + ztanbBeosa wgo = cZo+ztanec03a (35)

Therefore equation (31) is written as
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3z 2(C, +ztanbcosa)? (CZ +ztanfcosa)
lo o

3P plc. w 2 pC, u w, tanbBeosa
go 7 (Zo Za) Asa lo go lo (36)

where Agz 1is the apparent friction coefficient because its dimension is the
same as friction; that is,

Asa = Aga + 0.25Af ~2tanbecosa (37)

Dynamic Pressure Distribution

The dynamic pressure distribution is obtained by substituting equa-
tions (7), (10), and (32) into the equation of momentum (3) and taking the
first-order approximation. For the continuity equation (1) the first-order
approximation is also obtained in the same manner. The momentum equation in
the axial direction for the land is

-0.25
1 = - ¥ g + - 0.033 f}gfl%) ~wl ¢
92 c 92 2cZ P v lo
lo lo
C. w. Y25,
1 lo lo 11 .2
+ 2Cz p0.033<——3———> oY1,
0 lo
w ow ow
11 11 go
-p{ 3t Y10 3z Ygo 9z } (38)
The continuity equation is
ow
11 __ 1 (3 oY
9z CZO<Bt +ulo o (39)

Pressure distribution is obtained by solving equations (38) and (39) simulta-
neously. Equation (39) is the first-order ordinary equation in W17, and it

is solved by setting the boundary condition w71 = wyi1(0) at z = 0.

— 1 . .
w”—w”(o) -T fz(x,t) 2 (40)
o
where
_ ov A
Folz,t) = 57 *uy 52
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Substituting equation (40) into equation (38) and setting the boundary condi-
tion Pzy = Pp(0) at z =0 yield a solution of equation (38). In this

boundary condition P71(0) 1is the perturbed pressure at the land inlet which
is obtained by a first-order approximation of the equation

AP = - (1/2)pEqwg2 (41)

that is,

Prito)y = 7 PE1Y10%11¢0) (42)

The term wzy(0) 1is obtained by neglecting the perturbed pressure at the

outlet of the land, (i.e., z = Lz/cos «, P71(0) = 0). Then the dynamic
pressure of the land P71 1s obtained as

C w ~-025§ c » 025
| ZO_ZO . i (Zo 1o
PZl = 20% DwZOO.JBS( v ) ] SPLJ-ZCZ prOO.OS3 v >
o lo
1 - 1 |
x2w 'fZ(I,t) SPL2 + z pwzo fz(;,t) SPL1
lo lo
s o352 +u, —2)f (=, 4) spLa (43)
3010 ot lo 3x/'1 7’

where SPL1 and SPL2 are as written in appendix A.

The momentum equation in the axial direction for the groove is

2P ] Yy 9P o
e = T s (A 0250 e v
ow 1 ow 1 ow ] ow o
“P\ ot go oz xTanX +u 5y gl 2z
!/ Oaw o Yu 9w
+ 20592 + 9099 xJand (44)
go go °%
The continuity equation is
oY Y dw o aC o ow 1 .
_ —_— q gi _ 5
=7 +ugo 5o v —2 +wgl g +Cgo Y 0 (45)
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Substituting equation (36) into equation (45) and setting the boundary condi-
tion Wg1 = wg1(0) at z = 0 yield the solution of equation (45):

¢
. lo
¥e1 T wgl(U) €, ,t2tanbdeosa

z Yw ztanBecosa

- : Lo 46
cza+ztanecasa fg(z,t) +(czo+ztanecosa)2 (46)

where

= 3 Y
fg(x,t) =% U ———

Substituting equations (36) and (46) into equation (44) and setting the bound-
ary condition Pg1 = Pg1(0) at z = 0 yield the solution of equation (44),

where Pg](O) s the pressure loss at the inlet of the groove: that is, the
outlet loss of the land. The outlet loss of the land is represented by

=1 2 47
where &> 1s the outlet loss coefficient

2
____10___) (48)

The first approximation of equation (47) is represented as
qu(Zn) = -Dﬁgwlowg1(zn) (49)

The term wg1(0) is obtained by neglecting the perturbed pressure at the
groove outlet; that is, z = Lg/cos «, Pg1 = 0. Then the dynamic pressure
of the groove is obtained as

DCZ ldz DC W
= lo lo sa . 10 10 ‘
sz 6tanecosa lp SPGs = tanecosufg(x-i t) SPGJ
2
A
pClol"lo sa 9010wzolsa

- Zangcosa Y SPG6 * tin6eosal? fg(x,t)'SPG7
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wlo

" (tanSoosa] 1q(%st)" 5PCE
o 2 )f (z,t) SPGY
+(tan6cosa)2(§; tu go oz x, (50)

where SPG1 to SPGY9 are represented in appendix B.

DYNAMIC FORCE

The small displacements in the X- and Y-directions at the center, AX
and AY respectively, are as follows:

EY = - AX cosd - AY sind (51)
The flow-induced forces in the X- and Y-directions at the beginning of a land

ép, at the beginning of a groove ¢p47/2, and at the beginning of the
next land section ¢pn4+7] are represented by equations (52) and (53).

I
s d .1 L./cosa
n+ v A
- Z f f €Py1in dz

= " LZ/cosa—R(¢-¢n)tana

Lg/cosa Lz/cosa
+ LT ) ePgl dz +(L I -1) , eP,, da

t/iz/cosa—R(¢-¢n)tana

Q

€Py 0 di} X Rcos¢dd

¢ L /cosa
Poiin 93
n+V L /cosa R(¢- ¢ )tana givn

Ll/cosa L /cosa
+ LT . &P, . dz 4+(r-I -1)| 9 eP . dz
s 78/, [ s " s 0 gl

t/Zg/cosa—R(¢—¢n+¥3)tana

, epglez dZ} X R005¢d¢ (52)

170




I
s ¢n+>€ Lz/cosa

€P11in 92
n=1 ¢n Lz/cosa-R(¢-¢n)tana

L /cosa Lz/cosa
+ 0 -IT| 9 €P , dz ([ I -1) ep,, dz
8 "8/, gl s s 0 11

Lz/cosa-R(¢—¢n)tana
* EPZlez dz; x Rsinddd

0

/cosa

¢
n+1 eP 1in dz
n+/’ L /cosa R(d-¢ +}é)tana g

/003“ p Lg/cosa
z LI -
EEEN Piy #Hig I-1) ep_, dz

L /cosa-R($-d ) tana
’f-" nt s €P lex 93[ x Rsinéd¢ (53)
0

This force may be represented in the following matrix form:

_ X _ KXX XY CXX XY MXX MXY
= X + . + R (54)
Y Yx YY Yx Yy ¥Yx Yy

The following coefficients are obtained from equations (52) to (54). The
dynamic coefficients are different for the land and the groove.
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where ISPL2 to ISPGY9 are represented in appendix C.

The coefficient matrix represents the summation of the coefficients of the
land and the groove.

NUMERICAL EXAMPLE

Data for the seal model are shown in table I. Ffigure 6 shows the relation
between the axial Reynolds number (pressure difference between the inlet and
outlet of the seal) and the spiral angle «, where L/D = 1.0, rotating speed
is 3000 rpm, and pressure difference between inlet and outlet is 0.49 to
4.9 MPa. As Reynolds number in the axial direction increases, Kyy, Kyy, Cyx,
and Cyx increase, but Myy 1is almost constant. For the 3-thread 2.6°

spiral-angle spiral-grooved seal and the 20-thread 17.66° spiral-angle spiral-
grooved seal, the dynamic coefficient decreases as the spiral angle decreases.

Figure 7 shows the effects of the Reynolds number in the axial direction
and the ratio of the land width to the groove width. It is known that as the
land width increases, the coefficients Ky, ny, Cyx» Cyx» and My, increase
and that, if the land is narrow, the spring coefficient Kxx becomes
negative.

Figure 8 shows the effect of the circumferential Reynolds number for two
kinds of spiral-grooved and parallel-grooved seals, where L/D = 1.0, the pres-
sure difference between the inlet and outlet is 0.49 to 4.9 MPa, and rotating
speed is 2000 to 8000 rpm. Coefficient K,, of the spiral-grooved seal shows

a negative value for a low circumferential Reynolds number, but that of the
parallel-grooved seal does not show a negative value until a high circumferen-
tial Reynolds number is obtained. The reason is that the pressure difference
between the inlet and outlet of the spiral groove seal affects the circumferen-
tial velocity; that i1s, the pressure difference and the high rotating speed
induce the pumping action, and the apparent pressure difference becomes small.
The characteristics of the coefficients K and Cy, can be 1llustrated in

X
the same way. The values of the coefficien%s Kyx, Cxx, Cyx, and Myx for the
spiral-grooved seal are larger than those for the parallel-grooved seal.

CONCLUSIONS

From this study of the dynamic characteristics of noncontacting spiral-
grooved seals, the following conclusions are drawn:

1. Except for Kyy, coefficients become small as the spiral angle and
the Tand width decrease.

2. As the axial Reynolds number increases, coefficients Kyy, Kyy, Cyy,
and Cyx become large but Myyx remains constant.

3. As the circumferential Reynolds number increases, Kyy decreases, Kyy

and Cxx 1increase once and then decrease, Cyx 1increases, and Mxx 1is
almost constant.
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4. The coefficient Kyy becomes negative when the circumferential
Reynolds number is large and the axial Reynolds number is small.

5. Leakage flow decreases as the rotating speed becomes large. If the
spiral angle is small, leakage flow decreases as the groove width becomes
large, and if the spiral angle is large, the leakage flow decreases as the
groove width becomes small.

6. Comparing the coefficients of the spiral-grooved seal with those of the
parallel-grooved seal, yields the following conclusions:

a. Ky of the spiral-grooved seal is smaller than that of the
parallel-grooved seal.

b. ny and Cy,, of the spiral-grooved seal are smaller (larger)

than they are for the parallel-grooved seal for low (high) circumferential
Reynolds numbers, respectively.

c. Cyx and My, of the spiral-grooved seal are larger than they
are for the parallel-grooved seal.

d. Leakage flow of the spiral-grooved seal is larger (smaller) than
that of the parallel-grooved seal for low (high) rotating speeds, respectively.

APPENDIX A

c, w, V2?5
_ 1 lo lo 1
91 - pwlogl ZCZoproa'oss( v ) cosa

A7 = P¥7,87

-0.2§
1 c, w

lo 1o
12 ~ 20109”100'033< v )

L
1 1
SPLL = 2 - q {qll - qZZ'z]cosa

l

L. \2
ST
SPLZz = =z -—Ez{qll 972 z} cosa
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APPENDIX B
c = C +L tanb
g

gl lo

_ _ 2
qgl = pwzofl Clo/cgl)

2
pclowlaksa

qu = 7 Ztanfeosa

SPG1 = 1/cgo - J/CZO - m-K1

SPG2

l

2 _ 2 _ o,
I/Cgo J/Clo m-K2

3 _ 3 - m.
SPG3 l/Cgo l/CZo m-XK3

SPG4 = Z”(Cgo/czo) - m-XK4

SPG5 = ¢ _-C, - m-K§
go lo

1 clo
SPGE = --E-SPGZ + 3—— SPG3

c

SPG? = -SPG1 + —%9 SPG2
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SPG8 = C, - SPG1 + 5PG4

SPGY = -C, SPG4 + SPG5
K1 = 1/cg1 - 1/¢,, K2 = 1/021 - 1/c§o
K3 = 1/031 - 1/020 X4 = Z"(ng/czo)
K5 = ng -4, K6 = 021 - c;a
K7 = qgl/qg K8 = q /9,
APPENDIX C
ISPL1 ='%<_coscz)2 Z;i<;osa) T cosa)2

4

L, \}! g L q L 3
ISPLa =_1( z ) . zz( Z > ) zz( Z )
d\cosa ZqZ cosa cosa

9
ISPGT = K¢  K8-K1® ( 1 +K7-K7~K8'K1) L
tanfcosa tanfecosa \C =7 ¢l eosa
lo lo
K1 K8-K1-K2 1 K8-X2 Lg
ISPG2 ==t bcosattanboosa (C; +K7- K2~ Clo )cosa
K2 K8-X1-K3 1 K8:K3 Lg
ISPG3 = -Ztanecasa-tanecosav(E;;+K7 K3+ CZo )cosa
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+K1-X4
ISPG4 = ——1——{1 (c gl/c Z" xs}—’Li-——

10.
11.
12.

tanbeosa tanbBeosa
L
K8- K4 g
(ZnCZOH(? K4+—T_Cz )c_os&'
o
X6 K8-K1-K5 k8 x5\ g
I5PGS = 2tanBcosa tanbcosa (bl K7 K5+ Clo )cosa
ISPGE = -—;—ISPGZ + Z ISPG3
ISPG? = -ISPG1 + —" ISPG2

ISPGE = Clo ISPG1 + ISPG4
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TABLE I. - DATA FOR NUMERICAL CALCULATION

Working fluid . . . . e e e e e e e e e e e e e e e e e e e e e e e . . water
Fluid temperature K 4 K I )
Density, p, Kg/m3 . . . . . . . . . . . . . . . ... ... ....9.982x102
Viscosity, y, mPa s . . . e e e e e e e e e e e e e e e e e e 1009
Kinematic viscosity, v, m2/s e e e e e e e e e e . e e . . . . 1.006x10-6

Journal radius, R, mm . . . . . . . . . . . . . .« . o v . v . <.+« . .. .100.0

Seal radial c]earance, CZO, 1 ¢ Y

Seal length, L, nm . . . . . . . . . . . . . . . . . . .. ... ... .200.0

Groove depth, T, mm . . . . . . . . . . . . . . . .. ..o ... . . . 1.18

Helix angle, o, deg . . . . . . . . . . « « o o . v o e 1 30 to 17.66

Journal rotating frequency, N, rpm . . . . . . . . . . . . . . . 2000 to 8000

Pressure difference, AP, MP2a . . . . . . . . . . . . . .. . .. .0.49 to 4.9

- V/////// /A .,

V/////////////i

Figure 1. - Spiral-grooved seal.
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Figure 2. - Illustration of spiral-grooved seal.
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COMPARISON OF HIRS' EQUATION WITH MOODY'S EQUATION FOR DETERMINING
ROTORDYNAMIC COEFFICIENTS OF ANNULAR PRESSURE SEALS*t

Clayton C. Nelson and Dung T. Nguyen
Texas A&M University
College Station, Texas 77843

The rotordynamic coefficients of an incompressible-flow annular pressure seal were
determined using a bulk-flow model in conjunction with two different friction factor rela-
tionships. The first, Hirs’ equation, assumes the friction factor is a function of Reynolds
number only. The second, Moody’s equation, approximates Moody’s diagram and assumes
the friction factor is a function of both Reynolds number and relative roughness. For each
value of relative roughness, Hirs’ constants were determined so that both equations gave
the same magnitude and slope of the friction factor. For smooth seals, both relation-
ships give the same results. For rough seals (e/2H, = 0.05) Moody’s equation predicts
44% greater direct stiffness, 35% greater cross-coupled stiffness, 19% smaller cross-coupled
damping, 59% smaller cross-coupled inertia, and nominally the same direct damping and

direct inertia.

NOMENCLATURE
C,c = direct and cross-coupled damping coefficients
D = diameter
e = surface roughness height
F.,F, = components of the seal reaction force
f = Friction factor
H = seal clearance
K.k = direct and cross-coupled stiffness coefficients
L = seal length
M,m = direct and cross-coupled inertia coefficients
m,n = Hirs’ constants
P = pressure
Ap = pressure drop across the seal
R = Reynold number (= 2pV H/u)
r = seal radius
t = time

U.,Ug = fluid velocity in the z and 8 direction
1% = fluid velocity

X,Y = rotor displacement from its geometric center
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Z.,0 = axial and circumferential seal coordinates

eccentricity perturbation

™
1

u = viscosity
p = density
w = shaft angular velocity
Subscripts
0,1 = zeroth and first-order perturbations
T,y = rectangular coordinate directions
s, T = shaft and rotor
2,0 = axial and circumferential coordinate directions
INTRODUCTION

The design and safe operation of today’s high-performance turbomachinery require
accurate predictions of the hydrodynamic forces developed by annular pressure seals. For
small orbital motion of the rotor about its geometric center, the hydrodynamic forces
are quantified by specifying a set of linearized rotordynamic coefficients as shown in the

following equation.

R IR R A S R E A G

In this equation, (X,Y) define the motion of the seal rotor relative to its stator;
(Fz, Fy) are the components of the hydrodynamic reactive force acting on the rotor; and

(K,k), (C,c),and (M,m) are stiffness, damping and inertia coefficients respectively.

Extensive efforts have been made in the last two decades to theoretically predict,
and to experimentally measure these rotordynamic coefficients. Lomakin [1] first demon-
strated and explained the characteristic “hydrostatic” stiffness of annular seals for a small
displacement from the centered position. Most of the subsequent theoretical developments
have been made by Black, Jenssen, Allaire, Fleming, Childs, and Nelson [2-16]. The most
recent of these developments by Childs [11-14] (liquid seals) and Nelson [15,16] (gas seals)
include the effects of fluid prerotation, convergent-tapered geometry, and different surface
roughness treatments for the stator and rotor. Both of these analyses proceed from a single

set of governing equations which are based on Hirs’ turbulent bulk-flow model [17,18].
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Comparison between theoretical and experimental results shows moderately good
agreement. However, the theory generally tends to underpredict the experimentally mea-
sured direct stiffness. Furthermore, this underprediction appears to get substantially worse
as the relative roughness, ¢/2H,, of the seal increases. This has been found to be true
both for liquid seals [13,14,19] and for gas seals [22|. There is, however, a specific need
to accurately predict rotordynamic coeflicients of seals with very rough stators and/or
rotors. To retard leakage, soften the effects of rub, increase damping, and decrease the
destabilizing effect of the cross-coupled stiffness, various kinds of intentionally roughened

surfaces are being tested and used in liquid and gas seal designs [14,16,23].

Failure of the analysis to predict the correct stiffness may, in part, be due to inade-
quacies in Hirs’ equation for the friction factor. For a given set of Hirs’ constants, Hirs’
equation can accurately reflect the change in the friction factor for small changes in the
Reynolds number, but has no functional dependence on the relative roughness. Neverthe-
less, the relative roughness does change in the circumferential direction when the rotor is

displaced from its centered position.

The results presented in this paper compare the theoretical rotordynamic coefficients
obtained by using a bulk-flow analysis in conjunction with two different friction factor
relationships. The first relationship is Hirs’ equation. The second, Moody’s equation,

assumes the friction factor is a function of both Reynolds number and relative roughness.

GOVERNING EQUATIONS

Figure 1 illustrates the basic geometry and coordinate system used for the annular
pressure seal. Using a bulk-flow model and the control volume shown in Fig. 1, a complete
derivation of the governing for compressible flow is given in reference [15]. For incompress-

ible flow, these equations reduce to the following form.

0H 10(HU J(HU,
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Hirs’ Equation

In the governing equations, f. and f, represent the friction factors relative to the
stator and the rotor respectively. Hirs’ turbulent bulk-flow model assumes that these

friction factors can be written as:

f=nR™ (5)

where R is the Reynolds number relative to the surface upon which the shear stress is
acting, and the constants n and m are generally empirically determined from static pressure
flow experiments. Substitution of the parameters for the annular pressure seal yields the

following equations for the friction factors:

m.

(6)

1/2
f—n. [ZpH (U2 +Uf)
i

mT

/= {2pH [U22+(U9—rw)2]1/2}
r r “

Moody’s Equation

Figure 2 shows a simplified version of Moody’s diagram. Moody produced the follow-
ing approximate equation for the friction factor [24].

e 10°\'°
= 0.001375 |1+ (20000~ +
f { < LR ) (8)
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This equation gives values within +5% for Reynolds numbers between 4000 and 107
and values of ¢/D up to 0.01. For e¢/D > 0.01 , it significantly underestimates the friction

factor. Substituting in the parameters of the annular pressure seal, f. and f, become:

5(10)5 1%
f. = 0.001375 |1 + <10“i+ (10) “)1/2> } (9)

H ™ pH(U? + U?

1/3
5(10)°
£, =0.001375 {1+ |10t < 4 (10) x 7
H  pH[UZ + (U - rw)?]

Solution Procedure

Assuming small motion of the rotor about its geometric¢enter, the pressure, density,
axial velocity, circumferential velocity, and local seal clearance can be expanded in terms

of zeroth-order and first-order perturbation variables.
H:HO+€Hls P:Poﬁ' €p:, UZ:U20+EU217 U9:U90+€(]91 (1]‘)

Substitution of these expanded variables into the governing equations (2-4) and ei-
ther (6, 7) or (9, 10) yields a set of zeroth-order and first-order equations. The nonlin-
ear zeroth-order equations are numerically integrated using a bisection method to obtain
matched boundary conditions. The linear first-order equations are expanded from three
partial differential equations to twelve ordinary differential equations by assuming that
the shaft moves in an elliptical orbit. These twelve ordinary differential equations are
then numerically integrated using standard numerical integration techniques. A further
integration of the first-order pressures circumferentially and axially over a range of orbital
speeds yield the rotordynamic coefficients. Complete details of the solution procedure are

given in references |15} and [16].

RESULTS

Seal Parameters

To compare the results of these two friction factor equations, rotordynamic coefficients

were determined for a high-pressure water seal defined by the following parameters.
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Geometry

length: L = 5.08 cm (2.00 in)
radius: r = 7.62 cm (3.00 in)
nominal clearance:  H, = 0.381 mm (15.0 mil)

nominal relative roughness: ¢/2H, =0 — 0.05

Fluid Properties
density:  p = 1000 kg/m?® (1.94 slug/ft?)
viscosity:  u = 1.30(10)~3 N-s/m? (2.72(10) "% Ib-s/ft?)

Operating Conditions

Reynolds number: R, = 30,000
pressure drop:  Ap = 3.5 — 7.0 MPa (508 — 1015 psi)
shaft angular speed: w = 3000 rpm
preswirl ratio:  Ug(0,0) /(rw) = 0.25

As indicated above, the stator and rotor nominal relative roughness, e/2H,, was
varied from 0 to 0.05. To maintain a constant nominal Reynolds number of R, = 30000,
the pressure drop, Ap, was increased along with the roughness. From Moody’s diagram, it
can be seen that the friction factor varies from ~ 0.0056 to 0.018. This variation is shown

by the bold vertical line drawn on the diagram (Figure 2).

For each nominal relative roughness value, a new set of Hirs’ constants was determined.
These constants were evaluated so that the magnitude and slope of the friction factor from
Hirs’ equation matched that of Moody’s equation. For example, the dashed line on Moody’s
diagram shows the results of Hirs’ friction factor for e/2H, = 0.01.

Rotordynamic Coefficients

The resulting rotordynamic coefficients for the two solutions are shown in Figures 3 -
8. Results from Hirs’ equation are shown by the dashed lines, and results from Moody’s
equation are shown by the solid lines. For smooth seals (e/2H, ~ 0) both models predict
nearly the same values. This result can be explained by observing Moody’s diagram. For

smooth surfaces, the friction factor curves are close together. That is, changes in relative
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roughness for a smooth surface cause only minor changes in the friction factor. Thus,

circumferential changes in relative roughness due to rotor displacement are not significant.

As the nominal relative roughness is increased, the most striking difference in the
predictions is for the direct stiffness and cross-coupled inertia coefficients. For rough seals,
use of Moody’s equation results in predicted stiffness coefficients which are 44% greater,
and cross-coupled inertia coefficients which are 59% smaller..(Cross-coupled inertia terms

are, however, so small that their effect on rotordynamic calculations is rather insignificant.)

The physical explanation for the increase in predicted direct stiffness can easily be
seen from Figure 9. As shown, stiffness in annular seals is accounted for by the increase in
the axial pressure gradient on the near side of a non-centered rotor. When using Moody’s
equation, the increased relative roughness on the near side results in a larger friction factor

then when using Hirs’ equation. This in turn, leads to an even larger pressure gradient.

Finally, use of Moody’s equation results in predictions which are 35% greater for cross-
coupled stiffness and 19% smaller for cross-coupled damping. Direct damping and direct

inertia predictions remain nominally the same.

CONCLUSIONS

As stated in the introduction, there is a specific need to accurately predict rotordy-
namic coeflicients of seals with very rough stators and/or rotors. Annular pressure seals
are being tested and used which have sutfaces that are honeycombed, grooved, knurled, or
contain various sizes and shapes of holes and projections. The ratio of the height of these
surface irregularities to the clearance is often close to unity (i.e., e/2H, ~ 1.0). For these
rough seals, the theoretically predicted direct stiffness based on Hirs’ equation has been

substantially smaller than the measured direct stiffness.

In this analysis, it has been shown that for rough seals, the use of Moody’s equation
gives significantly larger predictions for direct stiffness than use of Hirs’ equation. This
occurs even though the magnitude and slope of the nominal friction factors from the
two equations are the same. This difference can be explained by the fact that Moody ’s
equation is a function of both roughness and Reynolds number, while Hirs’ equation is a
function of Reynolds number only. Thus, Moody’s equation can account for the effect of
the circumferential changes in relative roughness on the friction factor of a non-centered
rotor.
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From these results, it would appear that reliable predictions of direct stiffness for
rough seals must be based on a more sophisticated model than Hirs’ equation. This does
not, however, imply that the Moody equation used in this paper is the answer. This
equation underestimates the friction factor given in Moody’s diagram when e¢/2H, > 0.01,
and the diagram itself gives no values for friction factors when e/2H, > 0.05. Furthermore,
the equation does not account for the effect of size, shape, and spacing of large surface
irregularities on the friction factor. It is possible, however, that some type of modified
Moody’s equation could be used. That is, for each type of surface irregularity, friction
factor relationships could be determined experimentally and/or analytically. From these
relationships, a new set of Moody constants could be determined and replace those in

Moody’s original equation.
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Figure 2. Moody’s diagram.
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A great deal of research has recently been conducted to solve the subsyn-
chronous rotor vibration problems in high-performance turbomachinery. Partic-
ularly, the destabilizing effect of the labyrinth seal on compressors or
turbines has been investigated for many years (refs. 1 to 9). In spite of many
efforts the dynamic effect of the labyrinth seal had not been fully determined
from qualitative and quantitative points of view. But from our theoretical and
experimental work, we have determined completely the dynamic characteristics of
the labyrinth seal.

This paper presents the results of recent theoretical and experimental
works.

We developed a theoretical study and a numerical calculation program to
obtain the dynamic coefficients based on Iwatsubo's perturbation method
(ref. 3) and Jenny's tangential momentum effect evaluation method (ref. 9).
The simplified formulation was programmed for practical design use. Qualita-
tive and quantitative evaluations of the computer program have been done in
several published works. Our experimental study also evaluated damping coef-
ficients and considered inlet swirl effects.

Experimental studies on the labyrinth seal have been performed to improve
blading efficiency and to analyze rotor dynamics. For example, the basic lab-
yrinth seal test was done in 1970 to verify Alford's theory, and static and
semistatic tests were performed to improve design, to reduce leakage, and to
evaluate cross-coupled stiffness. In 1984-1985, to confirm the phenomena, the
theoretical analysis of dynamic coefficients, and the swirl effect of the lab-
yrinth seal, we continued seal dynamic model tests. This paper presents pri-
marily the results of the dynamic test.

SYMBOLS
a,b displacement
C peripheral velocity
f cross section of seal chamber
g gravity acceleration
h strip height PRECEDING PAGE BLENK NGT FLMED
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L length of labyrinth seal

1 Tength of strip pitch

n ratio of specific heat

P pressure

q mass flow rate in axial direction

R gas constant

RS radius of labyrinth seal

T absolute temperature of gas in seal

t time

u' length of acting surface of shear (stator)
u Tength of acting surface of shear (rotor)
u peripheral velocity of labyrinth seal, RS-Q
w peripheral unit length, Rs-w

$ radial clearance of seal

ea’eb angular displacement

A friction coefficient (stator)

A friction coefficient (rotor)

n strip flow coefficient

e density of gas

T friction shear stress of stator surface
" friction shear stress of rotor surface

Q rotating speed of rotor

w whirling speed of rotor

Subscripts:

a outlet

e entry

F strip

i seal chamber number or strip
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X axial
Z strip number

* steady state

THEORETICAL STUDY OF DESTABILIZING FORCE CAUSED BY LABYRINTH SEAL

To investigate the destabilizing force caused by the labyrinth seal, an
analytical model of the labyrinth seal was established for calculating eight
dynamic coefficients (four stiffness coefficients and four damping coeffi-
cients) considering iniet swirl effects.

Modeling the Labyrinth Seal

In the flow model of the labyrinth seal Kostyuk introduced one peripheral
velocity variable C in the core flow of each labyrinth chamber and developed a
simple equation (ref. 5). The developed analytical method uses the modified
Kostyuk equation on the labyrinth seal shown in figure 1.

The following fundamental equations are developed for the differential
element of unit length showed in figure 2:

Mass Flow Rate Passing Through Strip

2 - 2 - (.‘)
qf = vi.6f-(Pf_; - P)

Mass Flow Rate Rectified in Chamber

21RsFi.qi = 2mRsi* gei

(2)
2mRsFi+1.qi+1 = 2TRsi.qai
Continuous Flow Rate in Chamber
3(Pifi) 3(PiCi)
% + fi'# + (Qi - qeg) = 0 (3)
Circumferential Momentum in Chamber
3(PifiCi a(PiCi?)’ , P . oPi
%1) + fi-% + (q2iCai~9eiCoi) + Tili-tiUL = -fl-aw: (4)
Equation of State
Pi = gpi*Ri*Ty (5)

Pi = pi 1 = Const.

207



These equations were established for each strip and chamber. And the inlet and
outlet conditions of the seal were given as follows:

(6)

Method of Solution
To solve equations (1) to (5), we applied Iwatsubo's method (ref. 3), that
is, the perturbation 1inealized method, as follows. The following nondimen-
sjonal variables ¥, n, Z, and ¢ were introduced as
Pij = Pui(l + £1), Ci = Cri(l + ni)
Cei = Ce‘,'ci (]- + nei), Cai = C69 i+1 = Ce;’;i+1 (1 + Ne,s i+l ) (7)
qi= qzi*(1+Ci), 831 = 8xi(l + yi)

and, assuming that the rotor is whirling along an elliptical orbit, yy
is represented as

Pi = — coswtecos? + = sinwt-sin¥ (8)
(S;‘:i 57‘:1

Rotor displacement ax,bx and angular displacement ©,4,6y have
the following relation:

aj = ax + 6a- 3 2 bj =bx - 9y,-3 ¢4
J=1 j=1

Then these equations were divided into the steady-state equations and the
dynamic-state equations shown in table I. As the number of variables was
greater than the number of equations, the following two assumptions were made:
(1) Steady-State Tangential Momentum Parameter K

The parameter Kg, suggested by Jenny (ref. 9), is defined as follows:

Cexi - Capi - Kse(Cegi = Cui) (10)

This parameter is the one most important to the destabilizing force and depends
on the labyrinth seal geometry.

(2) Dynamic-State Tangential Momentum Parameter Kp

In the dynamic state, a parameter Kp, different from Jenny's Kg
parameter (ref. 9) as
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Nei = Koeni (1)

These steady state and dynamic state differential equations yield to the alge-
braic linear equations with eight coefficients Kyx s ny, ny, Kyy, Cyxo ny,
Cyx, and Cyy by Iwatsubo's method (ref. 3).

And assuming that the rotor is at the center of the labyrinth seal, the
coefficients satisfy the next condition

o

Kxx = Kyy» Kxy = “Kyx, Cxx = Cyy, Cxy = -Cyy (12)

Numerical Analysis and Comparison Between Theory and Published
Experimental Results

Two experiments on labyrinth seal destabi1izing force have been published:
Wright's (ref. 1), on the effect of bore taper; and Benckert's (ref. 12), which
clarified the effect of entry swirl. First, the analytical results of using
the preceding method are compared with Wright's experimental results. The con-
figuration of the seal is shown in figure 3. The calculated and measured
dynamic coefficient data are -shewn in figures 4 and 5. The calculation was
performed with respect to the experimental data on the effects of taper bore.
The taper bore effect is summarized in table II.

The second step compares the calculated results with Benckert's experi-
mental results for the full labyrinth seal. As shown in figure 6, the calcu-
lated results and Benckert's experimental results are compared using Benckert's
nondimensional variables K*g, E*g as follows.

K

% XY
Ko = T(Pz-P5) Rg-L (13)
$
% P 2
Eg = p_20'(302/(132 - Pot TOCaxo) (14)

The calculation and experiment have a good agreement. The calculated entry
swirl effect is also shown in table II.

EXPERIMENTAL STUDY OF SMALL LABYRINTH SEAL MODEL

A small labyrinth seal model was tested to qualitatively confirm labyrinth
seal dynamics. The experimental model is shown in figure 7. The model casing
had four nozzles attached to the annular chamber of the labyrinth seal in the
tangential direction (ref. 7). The inlet swirl could be alternated by nozzle
selection for each test condition. The dimensions of the model labyrinth seal
are summarized in table III. The model was designed to demonstrate the occur-
rence of whirl at relatively low pressure.
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The main test items are summarized in table IV. The tests measured system
damping for each test condition. The effect of shaft rotation is very small
because of the size of the model and the 1imit of the rotating speed. There-
fore most tests were preformed in nonrotating conditions. System damping was
measured by perturbing test working conditions. The free vibration decay was
measured for each test. The following results were obtained from this series
of tests.

Effect of Labyrinth Seal on Rotor Stability

Figure 8 shows the typical test results for the original straight seal.
System damping varied according to nozzle inlet pressure. The nozzle inlet
pressure represents the seal inlet swirl velocity. The seal inlet pressure was
about one-half of the nozzle inlet pressure.

The measured damping ratio tended to increase up to 0.2 kgf/cmz, to
decrease as pressure increased, and to fall into the unstable region for pres-
sure over 0.5 kgf/cm2. The vibration waves in figure 8 clearly show the
change of system damping.

Effect of the Labyrinth Seal on Damping

Figure 9 shows test results at the no-swirl condition for the original
straight seal. The damping increased with iniet pressure and the natural fre-
quency slightly decreased. This shows that the seal has a direct effect on
damping.

Effect of Tapered bore

Figure 10 shows the test results for the simplified tapered-bore seal.
The clearances were changed for half the number of seal fins so that the seal
would simulate both a convergent and a divergent seal. For this model the
convergent seal showed more stable characteristics than the divergent seal.
However, the differences between them were very small.

Effect of Swirl Breaker

To reduce the destabilizing effect of inlet swirl, two types of swirl
breaker were tested. The one had radial bypass holes and the other had anti-
swirl bypass holes. The results (fig. 11) show a significant increase in
stability 1imit for both cases, and with the antiswirl breaker the stable con-
dition could be maintained to about four times the inlet pressure.

Comparison of Test Results with Calculated Results

Figure 12 shows the nondimensional destabilizing effect (by Benckert's
method) for swirl test results and analytical values for conditions associated
with the original straight seal model and with tapered-bore seal models. The
figure shows fairly good agreement between the theory and the experiment for
both the qualitative and quantitative points of views.
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EXAMPLE OF APPLICATION

The method of calculating labyrinth seal dynamics was applied to solve
compressor vibration problems (ref. 10).

When the compressor was replaced by a new machine with improved perform-
ance the machine experienced severe unstable subsynchronous whirl over 90 per-
cent load. The stability characteristics were analyzed by the Mitsubishi rotor
dynamics program (ref. 11). The middie of figure 13 shows the stability graph
of this rotor system; the graph includes the labyrinth seal destabilizing
effects calculated by this work.

After lengthy discussions of the analytical results and the observed phe-
nomena, we decided on a countermeasure, the installation of a damper bearing.
A one-day shutdown of the compressor allowed the damper bearing to be installed
without unbolting the compressor casing. When the compressor was run with the
damper bearing, the subsynchronous vibration completely disappeared. The top
and bottom figure of figure 13 compare vibration records from before and after
damper bearing installation.

CONCLUSIONS

Our theoretical and experimental study of the destabilizing force of the
labyrinth seal confirmed the following dynamic characteristics:

1. The unstable vibration phenomena of labyrinth seals are clearly
demonstrated by a simple model rotor system.

2. The existence of the damping effect in labyrinth seals is confirmed in
the absence of inlet swirl.

3. For this model the tapered clearance of the labyrinth seal has 1ittle
effect on the destabilizing force.

4. The special swirl breaker showed a reasonable reduction of the desta-
bilizing effect of the labyrinth seal.

5. Application of the results of the stability analysis gave a reasonable
interpretation for actual turbomachinery vibration phenomena.
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TABLE I. - LINEALIZED EQUATION OF LABYRINTH SEAL

Circumferential Momentum Equation
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TABLE I. - CONCLUDED.

Steady State Equation

o Mass Flow Rate Equation
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o Continuous Equation
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TABLE II.

- SUMMARY OF CASE STUDY

Tapered bore seal Entry swirl
(Diverging - straight - converging) (backward - forward)
Kxx -  » Rigid - - - — > A little rigid
ny -5 Destabilizing (-) (+) Destabilizing
for forward swirl | for forward
swirl
Cxx ——» Stabilizing Positive and aimost
independent of entry swirl
Cxy Rigid for - Positive and almost
forward swirl independent of entry swirl

TABLE III.

- SPECIFICATION

OF TEST MODEL

Seal diameter, mm .

Seal radial c]earance 'mm : : :

Height of seal fin, mm
Pitch of seal fin, mm
Numbers of fins . .

Inlet pressure, atm, aBso]ute : : ..
Discharge pressure, atm, absolute . .

Critical speed, rpm .

. 100

0.25
2.75
4.00
15x2

1to 3.2

~ 930

TABLE IV. - TEST ITEMS AND OBJECTIVES
Test items Objective
Original Swirl effect Effect of inlet swirl

Rotation effect

Effect of rotation of rotor

Clearance effect

Effect of seal clearance of same configuration

Tapered
clearance effect

Effect of convergent and divergent clearance

configuration

With swirl
breaker

Swirl breaker
effect

Effect of specially designed swirl breaker
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Figure 1. - Labyrinth seal.

P r’Udw
(P+ WdW)f T

Figure 2. - Cross section of chamber.
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ORIGINAL PAGE 13
OF POOR QUALITY
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Figure 6. - Comparison of calculated cross-coupling coefficient with that

measured by Benckert's test (ref. 1).

Figure 7. - Test model.
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INFLUENCE OF DISK LEAKAGE PATH ON LABYRINTH SEAL INLET SWIRL RATIO

R. Gordon Kirk
Virginia Polytechnic Institute and State University
Blacksburg, Virginia 24061

The results of numerous investigators have shown the importance of labyrinth
seal 1inlet swirl on the calculated dynamic stiffness of labyrinth seals. These
results have not included any calculation of inlet leakage swirl as a function of
geometry and sealing conditions of the given seal. This paper outlines a method of
calculating the inlet swirl at a given seal by introducing a radial chamber to
predict the gas swirl as it goes from the stage tip down to the seal location.

For a centrifugal compressor, this amounts to including the flow path from the
impeller discharge, down the back of the disk or front of the cover, then into the
shaft seal or eye packing, respectively. The solution includes the friction factors
of both the disk and stationary wall with account for mass flow rate and calculation
of radial pressure gradients by a free vortex solution.

The results of various configurations are discussed and comparisons made to
other published results of disk swirl.

INTRODUCTION

Recent reports in the 1literature (1,2,3,4,5) have addressed the problem of
calculating the rotordynamic coefficients for a labyrinth seal having a given inlet
gas swirl, pressure drop, and resulting mass flow. The centrifugal design engineer
has at his disposal from standard aerodynamic design codes the gas swirl and
pressures at the impeller tip. The solution of the leakage gas path swirl and
resulting pressure distribution is important not only for labyrinth seal coefficients
but also for proper thrust balance calculations. This paper presents an approximate
method of calculating these desired parameters using a modified version of the
solution technique as proposed by Iwatsubo (1) and later extended by Childs and
Scharrer (2). The extensions and modifications to the theory as outlined by (2) will
be discussed in this paper.

The equations of the modified formulation have been incorporated into a single
labyrinth seal analysis computer code to permit rapid evaluation of different design
conditions. The accuracy of the reported solution technique will be compared to
experimental and analytical solution results as reported ian reference (6) and to the
limit case condition of zero leakage (approximately zero for cemputer program
results).

FAZCEDING PAGE BLANK NOT FLWZD
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NOMENCLATURE

Values are given in both SI and U.S. Customary Units. The calculations were
made in U.S. Customary Units.

b - tangential velocity ratio, U/(rw)

¢y - wall separation at 1t radial chamber and radial clearance for seal tooth, m
(in)

Hy - height of 1t seal element tooth, m (in)

Ly - axial length of 1t geal chamber, m (in)

m - mass flow rate, Kg/sec (1bm/sec)

- gas pressure, N/m? (1bf/in2)
r - radial position on disk, m (in)
R,R_ - outer radius of disk, m (in)

- gas constant, (1bf . ft/1bm/°R)

RM - mean chamber radius, m (in)
RR - average radlus of rotor seal chamber surface area, m (in)
RS - average radius of stator seal chamber surface area, m (in)
R, -~ disk Reynolds number, = ng/v
s - wall separation, m (in)
S - separation ratio, = s/R,
SJ - leakage parameter, = Vs/(sz)
T - gas absolute temperature, °K (°R)
U, - tangential velocity, m/sec (in/sec)
V., - radial velocity, m/sec (in/sec)
Z - gas compressibility
o -~ gas density, Kg/m2 (lbm/inz)
Ty T radial wall shear stress, N/mZ (1bf/in?)
T.q = radial disk shear stress, N/m? (1bf/in?)
v - gas kinematic viscosity, m2/sec (in2/sec)
- position factor, = (R, - r)/R,
- rotor (disk) angular spin velocity, sec—1
wg = swirl velocity for free vortex, sec™}
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METHOD OF SOLUTION

The solution technique proposed was developed to permit the same basic theory
and computer code to calculate both the circumferential swirl and pressure
distribution down the disk and across the labyrinth as one coupled system. This
technique was initially intended as a quick first pass method but the results have
proven to be very close to the more exact theories such that the added complication
of coupling different theories and matching boundary conditions of pressures,
temperatures, flows, and swirls may not be justified for rotordynamic evaluations. A
typical configuration is shown in Figure 1 for a centrifugal compressor stage disk
cover leakage flow path,

For the radial direction down the disk leakage path the equilibrium equation is
given by the following equation (6):

2
-V _dvr_E_E:_:_lg_l:_l__rw _._rd [1]
r dr r p dr ps ps

For a free vortex flow neglecting the radial shear force which will be accounted for
by the crossflow factor in the circumferential equations, the pressure distribution
equation becomes

) 2
dp _ p(rwB)

pr il [2]
or )
Ir = Pryg [3]
where

wB = gas swirl angular velocity at the radius, r.

Therefore, the pressure at any radius r is given by
2
w

P(r) = P(R) - p 2—3(1{2 - r?

) [4]

This equation predicts the pressure along the disk if the gas swirl is known. The
gas swirl can be calculated from the circumferential momentum equation as outlined in
(2) and further modified to the following equation to account for variation in rotor,
stator and mean flow chamber radius. In addition, the crossflow turbulence
correction factors may be included in the solution to account for the inward flow
resistance.

. ,p -
> Po |Rw - Vo, |DHY
m 1 2 ( 1 YMR
[ia— - = cm—— - % *
2TTRM(Voi Vo, ;) oRT, (Rw = Vo )™ * YNR * { = (5]

* ARL * sign(Rw - Voi) x BR c3

RM
Po |Vo,| * DHY
-y 1 2 4 * i ™S * % RS
/y 7T, Vol * YNS * —) ASL * SIGN(Vo, ) * == * C4
where
RM = mean chamber radius
RR = mean rotor surface radius
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RS = mean stator surface radius
C3, C4 = crossflow turbulence factors
Voy = RMy wBi = average chamber swirl velocity

DHY

hydraulic diameter of chamber
YNR, YNS, YMR, YMS = turbulence factors per reference (2)

ARL, ASL = shear area for rotor and stator

Poi

SRT -~ Pressure and temperature dependent gas demsity in ith
chamber

v = gas kinematic viscosity

The leakage flow, ﬁ, can be calculated as outlined in (2) or by other suitable
calculations with the modification to radial chamber pressures given by equation (4).

The solution process requires that an initial swirl be selected to calculate the
pressure fleld and leakage. A swirl of 50% is suggested for starting the solution.
With this pressure field and flow, the momentum equation given by Eq. (5) is solved
for the first pass swirl values. These swirl values are then used to recalculate the
pressure drops down the disk and through the labyrinth and the resulting flow.
Another pass through Eq. (5) solution yields the second pass swirl values.
Typically, three passes give the desired convergence and the inlet swirl to the laby-
rinth i1s then taken from the chamber ahead of the first sealing tooth.

A general geometry Input is used such that for the radial chambers a very small
tooth height and length with a tooth clearance equal to the disk to wall spacing can
be used to model the flow path. The radial surface area is calculated using the
indicated radius of each. tooth location.

RESULTS OF SWIRL PREDICTED IN GAS LEAK PATH

The evaluation of the proposed swirl calculation procedure has been based upon
numerous similar conditions as reported by Jimbo (6). Initial comparisons of actual
compressor swirl results from similar geometry 1is overplotted in Fig. 2. The
parameter for leakage flow was noted to be similar to those given by Jimbo. The
leakage flow parameter is defined as

\% S
o o
where
V = radial gas velocity

Ro = disk outer radius
w = rotor speed
s = wall separation

For SJ = 0.0002 it is obvious that the compressor disk swirl does not agree with the
reported complete analytical solution. The swirl rates are greater from the
labyrinth program approximate solutionm. However, the other parameter, the disk
Reynolds number given by
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Re = R w/v [7]

was calculated and found to be considerably different from the test results. The
analysis results by Jimbo used alr and a R, = 9.82 x 10° was quoted. These initial
compressor test results had an R, = l.1 x 308. To match the parameters for the two
systems the gas, pressure drop, and rotor speed were changed as given in Table 1
under test rig conditions. This gave a disk Reynolds number of R, = 3 x 10”7, only
off by a factor of 3 from Jimbo, compared to a factor of 112 for the compressor stage
results.

The results for the labyrinth analysils overplot to the accuracy that the curves
can be evaluated. The swirl results for the compressor stage and the test result
condition are given in Tables 2 and 3, respectively., The swirl down the disk and
through the labyrinth are given in the table with the radius y-position factor
indicated for comparison to the analysis results of Figure 2. The results are in
excellent agreement for the case of near zero flow (i.e., swirl ~0.5) and for SJ =
0.0002 where the swirl at y-position factor of 0.31 is now calculated as 0.563 as
compared to 0.63 for the compressor gas. A comparison of the compressor swirl, test
case calculation, Jimbo calculation, and test results reported by Jimbo are shown in
Figure 3. The test results show a slowing of the swirl that is not predicted. The
test rig was equiped with numerous flow and pressure measuring ports In the stator
wall and it is very possible that the cause of the test rig result reduced swirl was
the increased surface roughness resulting from the measuring instruments. Complex
flow fields could also be the cause of the discrepancy and are beyond the scope of
the present analysis. Results for reduced leakage, SJ = .000052, are given in Fig. 4
and labyrinth analysis compressor results for SJ = .0000372 overplotted. This case
of reduced leakage compares closely even though the disk Reynolds numbers are not
similar. The test rig results once agaln show a reduced swirl ratio with great
restriction noted in the x-position factor range of 0.4-0.5. The overall trend is
similar as concluded by Jimbo.

One additional labyrinth program result is given in Table 4 for the condition of
leakage from the final compressor stage through a balance piston full labyrinth.
These results have a wall spacing that reduces as the radius reduces. A swirl of
0.82 1is predicted for this geometry and gas properties, even though the flow SJ
parameter is 0.00021 and a uniform spacing air test result would give a swirl rate
closer to 0.6 (see Fig. 2 for yx-position ~0.4).

CONCLUSIONS

(1) The proposed approximate calculation procedure produces results that are
acceptable for rotor dynamlc evaluations of labyrinth seals.

(2) The flow parameter, SJ, and disk Reynolds number, Re, used by Jimbo to present
results are very useful in comparing results for different designs and give

great insight into disk swirl behavior.

(3) Non-uniform leak path geometry can be used to increase or decrease the swirl in
the gas leak path.

(4) Increasad stator surface roughness will suppress the swirl due to the increased
shear drag on the swirling flow,
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(1)

(2)

(3)

(1)

(2)

(3)

(4)

(5)

(6)

RECOMMENDATTIONS

Test evaluations using current technology flow measurement capability should be
conducted on typical compressor and turbine disk design gas 1leak path
configurations.

The {importance of gas properties and actual system configurations must be
closely evaluated.

The proposed calculation procedure can be used, with a high degree of
confidence, for entry swirl evaluation of compressor labyrinth designs.
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PARAMETER

MW

v, m2/s
(inzlsec)
Z

PS, N/m?)
(lblinz)

PE, N/m?
(1b/1n?)

T, %
(°R)

N, Hz
(RPM)

R, m
°" (1n)

TABLE 1 SYSTEM PARAMETERS FOR ACTUAL COMPRESSOR STAGE
DESIGN CONDITIONS AND AN ASSUMED SYSTEM TO APPROXIMATE THE
RESULTS OF TEST CONDITIONS FROM REFERENCE 6.

COMPRESSOR STAGE TEST RIG CONDITIONS
(Ref. 6 assumed conditions)

21.33 25.95

2.79 x 1077 4.64 x 1070
(4.32 x 10~%) (7.19 x 10~3)
.89 .955

5.90 x 10° 3.43 x 10°
(855) (49.7)

5.17 x 10% 1.01 x 10°
(750) (14.7)
331.6 301.4
(602.9) (548.5)
207.4 100.0
(12566) (6000)

154 .154

(6.05) (6.05)

1.1 x 108 3 x 108
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TABLE 2 RESULTS FOR COMPRESSOR STAGE GIVING PREDICTED
CHAMBER FLOW SWIRL RATIO

CHAMBER X SJ = 0.000023  0.00014  0.000236 0.00034
DISK TIP 0 .52 .52 .52 .52
2 .08 .5033 .534 .548 .557

3 .17 .5053 .5496 .571 .5867

4 .25 .5095 .5689 .600 .6225

5 .31 .5144 .5938 .632 .6603

RADIAL 4 6 .34 .5045 .5997 6425 .6731
TURN_ ____ 7 - 2452 .5605 L6111 6472
SEAL 8 - .384 .5121 .571 .6131
v 9 - .359 475 .5377 .5834
10 - .350 447 .5097 .5574

11 - .346 .425 .4862 .5347

12 - .345 .408 .4663 .5146

2
R, = E%f = 1.1 x 10

TABLE 3 RESULTS FOR TEST CASE GIVING PREDICTED CHAMBER
SWIRL RATIO FOR ASSUMED SUPPLY PRESSURE CONDITIONS
(SEE TABLE 1)

CHAMBER X SJ = .000015 0.0001 0.00022 0.00034
Disk Tip 0 .52 .52 .52 .52
2 .08 .496 .509 .522 .534

3 .17 496 .513 .532 .549

4 .25 .497 .519 544 .567

5 .31 .492 .529 .563 .592

RADIAL t 6 .34 47 .524 .564 .597
TURN ___7 - .43 473 .518 .558
SEAL 8 - .3513 .4105 .465 .511
i 9 - .3445 .3798 .431 478
10 - .3438 .364 .408 .453

11 - .3438 .3558 .392 434

12 - .3438 .3512 .382 421

2
R = ng = 3 x 106




TABLE 4 RESULTS OF LEAKAGE AND GAS SWIRL
FOR FLOW FROM LAST STAGE TO A BALANCE PISTON
LABYRINTH HAVING 15 TEETH

CHAMBER X SWIRL RADIUS WALL SPACE
(dim,) (dim.) (dn.) {in.)
0 0 .637 9 -
1 .001 .641 8.94 .15
2 .07 .6756 8.34 4
3 .15 .705 7.65 .36
4 .22 .732 7.02 .32
5 .293 .765 6.36 .3
RADIAL 4 6 .375 .81 5.62 .26
TURN ___ 7 .42 .823 5.18 .22
SEAL + 8 - .781 5.14 -
9 - .74 5.14 -
10 - .71 5.14 -
11 - .68 5.14 -
12 - .66 5.14 -
13 - .64 5.14 -
14 - .62 5.14 -
15 - .61 5.14 -
16 - .598 5.14 -
17 - .588 5.14 -
18 - .580 5.14 -
19 - .573 \ 5.14 -
20 - .567 5.14 -
21 - .563 5.14 -
N = 11097. RPM SJ = 0.00021
?Z’ = 5;:53931 R, = —9—2—(1192-)_—4 = 1.23 x 108
PE = 253 PSI 7.63 x 10
v = 7.63 x 1074 in?/sec c, = 0.52
Z = 0.979
Y = 1.255 ¢ = 0.0115 in. radial clearance
leakage = 1.09 1b /sec type seal = interlocking
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Figure 1. — Typical compressor stage showing disk cover gas
leakage path with nomenclature for analysis.
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Figure 2. - Velocity profile along radius, b = U/(rw)
versus X = (Ro-r)/R, at Rg = R§ w/v = 9.82x105,

Overplot of typical compressor result with
Re = 1.1x108 (From Jimbo - fig. 6 ref. (6)).
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Figure 3. - Tangential velocity profile along radius
b = U/(rw) versus x = Ry-r/R, for constant
leakage flow SJ = (s/Rg)[V/Rpw)] = 0.000104 at
Rg = 9.82x105. Overplot of a typical compressor
result with SJ = 0.00014 and R, = 1.1x108; test
case points for SJ = 0.0001 and Ry = 3X106 (over-
plot on fig. 18 of ref. (6)).
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Figure 4. - Tangential velocity profile along radius
b = U/(rw) versus x = R,-r/R, for constant
leakage flow SJ = (s/Rg)[V/(Row)] = 0.000052 at
Re = 9.82x105. oOverplot of compressor having
SJ = 0.0000372 and R, = 1.3x108 (overplot on
fig. 20 of ref. (6)).
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THEORY AND MEASUREMENTS OF LABYRINTH SEAL COEFFICIENTS FOR
ROTOR STABILITY OF TURBOCOMPRESSORS

H.R. Wyssmann
Sulzer-Escher Wyss Ltd
Zurich, Switzerland

The prediction of rotordynamic coefficients for gas seals is achieved with the aid of a two-volume
bulk flow model based on turbulent rotationally symmetric 3D flow calculations including swirl flow.
Comparison of cross-coupling and damping coefficients with measurements confirm this approach. In
particular the theoretically predicted phenomenon that labyrinth damping is retained without inlet swirl is
confirmed. This is important for the design of high pressure compressors, where labyrinth damping is a
major contribution improving rotor stability. Discrepancies are found when comparing theory with
measured direct stiffness and the cross-coupling damping coefficients. First measurements of labyrinth
seals on a recently installed test rig operated with water are presented. Since forces are larger than on test
stands operated with air and since individual chamber forces are obtained phenomena like inlet effects may
be studied.

INTRODUCTION

For many years radial seal forces have been studied and investigated for stability of turbomachinery,
especially for pumps and turbocompressors. Many papers on this subject have appeared, most of them
either presenting measurements or a theoretical approach. Few authors have compared measurements with
theory, mainly because a reasonably simple theory producing results in reasonable agreement with
measurements was not available. The author in a former paper has presented a theory based on a two
volume bulk flow approach, incorporating results from 3D finite difference calculation of the rotationally
symmetric single cavity turbulent flow, based on time averaged Navier Stokes equations with a k-¢
turbulence closure. Comparison of the results for cross-coupling coefficients of straight through labyrinths
with measurements showed good agreement. However, test results where not available at the time for
labyrinth damping, which the theory predicted to be substantial compared to bearing damping at high
densities found in turbocompressors for the oil and gas industry. This paper attempts to present the latest
findings both on the theoretical side and in measurements for the straight through seal with teeth on stator
or on rotor. For the larger part the measurements have been carried out at the Turbomachinery Laboratories
at Texas A&M University.

SYMBOLS
a  area of cross-section between 2 strips €  eccentricity
A area of cross-section of labyrinth channel h  labyrinth strip height
bg  cross-coupling damping kg cross-coupling stiffness
bgr direct damping kg direct stiffness
¢ friction coefficient 1 mixing length
d  distance between two strips m leakage flow rate through labyrinth
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m, mass rate exchange between 2 control u  viscosity
volumes P density
P pressure T stress
Q  cross-coupling force ¢ angle
R direct force
r  labyrinth radius Subscripts:
Ar  radial clearance of concentric labyrinth
t time in inlet
w  circumferential velocity i jet
z  number of labyrinth strips r  rotor or radial
B mixing factor ] stator
&  radial clearance of eccentric labyrinth out outlet
p  labyrinth flow coefficient
THEORY

The theory gives the solution for the circumferential pressure distribution of straight through
labyrinths for gas and (incompressible) hydraulic flow. With some modifications, the theory is also
applicable for staggered and full labyrinths. Here only a summary of the theory is given. More detailed
results may be found in [10]. The calculation is based on bulk flow assumptions, i.e. on a uniform flow
profile in the region between the strips and (a different) uniform profile between strip tips and bushing (for
rotor seal) or rotor (for stator seal). This is schematically depicted in Fig. 1. The validity of the assumed
velocity profiles has been confirmed by extensive numeric flow calculations for the rotationally symmetric

3D turbulent flow in a single chamber. In these the velocity field v is decomposed into a time averaged part
v and a turbulent fluctuation part v":

vV = V + V. (D
The continuity equation for v, assuming incompressibility within the chamber, reads after insertion of (1)
and time averaging:
Vv=0.

where V denotes the Nabla Operator.

The time averaged Navier Stokes equations become:

ov/ot + (V-V)V =- Vp + Vo x V x¥ + turbulent diffusion.

The turbulent diffusion term is described by a two parameter model, based on k = 1/2 v;' v{' , the turbulent
kinetic energy and € = vav;/9x;9v;/9x; , the dissipation rate of the kinetic fluctuation energy. For k and e
transport equations may be written down with a total of 5 empiric parameters. Correlation of the
parameters to flow measurements has been given by Stoff [8].

As boundary conditions, the pressure difference across the chamber, the rotational speed and the inlet
circumferential velocity are given. The numerical calculations yield the pressure and velocity distributions
(time averaged) within the chamber. The analysis does not consider the flow contraction across the strip
however. The results of this analysis has been used for the modelling of the eccentric quasi-stationary flow
in the labyrinth chamber as given below. The following equations are valid for seals with strips on the
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rotor, similar equations hold for stator seals. The field equations for the two control volumes in Fig. 1
read:

Continuity: adw;/0Q + ddow /0P - w,,ddd/0@ - rdA/dt = 0, )
adw;/0¢ - m/p = 0. 3)
Momentum: -2paw;ow;/0Q - 2p8dwW ,0W /0P - pw,,2d0S/OP +
+ m(win - Wout) - ar T -
- agr T - prdd(dw,)/0t - pradw;/dt = Adp/d@ 4)

-2paw;0w/0Q + mw, - ar T, -
- C].I"'[:J - praawi/at = aap/a(p )

Here, the w's denote the circumferential velocity components of the flow: w; the velocity of the core flow

between the strips, wp, of the free jet between strip tips and stator and w,, the circumferential velocity at the
interface between the two flow regions.

The axial flow is described by the classical leakage equation for the compressible flow through a seal (see
Neumann [6], for instance):

1 = 2mur8peV(po/p)V(1 - m2)/z. (©6)

The flow coefficient y follows the definition of Neumann [6] and takes into account the labyrinth strip
geometry.

The turbulent wall shear stresses are given by

= 1/2 s - .- 7
for the rotor, and T = 12.¢5 P Wi - Wror | (W - Wi _ (7)
Tg = 1 CesP ‘J(Caxz + sz )Wm (8)

for the stator, where the friction coefficients cg and cg are calculated with Prandtl's universal law for the
tube flow.

The interaction of the two flow regions is described by a turbulent free shear stress 1; modelled according
to Prandtl's mixing length theory:

1= pI2 [9u/dy [ou/dy,
where u is the flow velocity in the shear flow zone. For free jets, an obvious chioce for the mixing length 1
is the mixing thickness b (Abramovich [1]). For the obstructed jet flow at hand, a proportionality factor B
is introduced, such that 1 =Bb, where B is a function of the labyrinth geometry. B has been determined by

correlation of the (bulk flow) solution of the concentric labyrinth to the 3D finite difference calculations of
the rotationally symmetric flow described above and to measurements.

In order to obtain the stiffnes and damping coefficients of the seal, a first order solution of the equations
(2) through (8) in e and ¢ is sufficient. Hence, the gap between strips and stator may be written as

O = Ar + e(t)cos®,

where e/Ar « 1. The flow quantities and the pressure in equations (2) through (8) may therefore be written
as:
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w =W, +W(@), m= 1 + meyt),
W = W + Wm((P,t), P=Dp + P(ot).

The zeroth order solution describes the concentric labyrinth and has been used to determine the mixing
factor B by correlation to the 3D finite difference calculations of the rotationally symmetric flow described
above.

The pressure p(o,t), linear in e and e is obtained upon integration of the linearization of equations (2)
through (8). The force components acting on the rotor read:

2n m
Q= gf)sin(prddf , R= gﬁcOS(prdd(p, ©)

with Q orthogonal to and R in line (but opposite) with the rotor eccentricity e. In cartesian coordinates the
force components may be written as:

[ﬂ = [tRQ 113] m : [Eg gﬁ]m (10)

where kp=stiffness, ko= cross-coupling stiffness, b= damping, and bg= cross-coupling damping of
the seal.

For staggered and straight labyrinths, a similar theory may be applied. 3D calculations of the concentric
labbyrinths have shown the circumferential velocity to be almost uniform across the whole chamber here,
hence a single circumferential velocity may be assumed [10].

COMPARISON OF CROSS-COUPLING STIFFNESS WITH MEASUREMENTS

The cross-coupling coefficients obtained from the theory as presented above has been compared to
measurements carried out by different authors. It agrees well with the laboratory measurements carried out
by Benckert [2] for various types of labyrinths. The least agreement has been found for staggered and full
labyrinths. For reference see [10]. Measurements on a real compressor at high pressures with Nitrogen
have been carried out for the first time by the authors company. The circumferential pressure distribution
of the first stage impeller shroud seal in a four stage natural gas compressor designed for a discharge
pressure of 320 bar has been measured for different rotor eccentricities relative to the seal. Fig. 2 shows
the test labyrinth in the lower half of the inner casing. The measurements have been carried out with and
without a swirl brake (Fig. 3) to confirm the theoretically predicted influence of the inlet swirl velocity on
cross-coupling stiffness. The circumferential velocity of the leakage flow was measured by pitot tubes in
front of the first labyrinth strip and has been used as inlet condition for the calculation. Fig. 4 shows
measured and calculated cross-coupling stiffness of the seal for different pressure levels and rotor speeds.
The theory agrees well with measurements. With swirl brake installed, theory gives less negative cross-
coupling than found by measurement. However, the absolute value of the cross-coupling stiffness
compared to the case without swirl brake is very small (scale in Fig. 4 is blown up by factor 10 for case
with swirl brake), hence for practical applications this discrepancy has no importance. All these tests could
not produce damping coefficients, but they basically confirmed the theoretical approach presented above.
They also confirmed the dominating influence of the inlet swirl velocity on the magnitude of the cross-
coupling coefficients and hence were in line with the many cases where rotor stability problems have been
solved by reducing the inlet swirl velocity of the labyrinth leakage flow. The theory however predicts
damping coefficients of labyrinth seals of a magnitude to improve substantially the rotor damping for high
pressure compressors. Hence, a confirmation by measurements is of great importance.
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COMPARISON OF FULL SET OF LABYRINTH COEFFICIENTS WITH MEASUREMENTS

A test rig for air seals has been set up at the Turbomachinery Laboratories of Texas A&M University,
capable to measure the full set of labyrinth coefficients as defined by (10). The rotor is moved by a
hydraulic shaker performing translatory movements. By measuring the reaction forces the dynamic
coefficients can be identified. This differs from the measurements described above, where forces were
obtained by integration of pressures. Extensive measurements have been carried out with straight- through
teeth on stator and teeth on rotor labyrinth seals with 16 chambers by Childs and Scharrer ([3], [7]). Rotor
speed varied between 500 and 8000 RPM or 4 m/s to 63 m/s in circumferential velocity, inlet pressures
between 3.08 and 8.25 bar (against ambient). Inlet circumferential velocity of the leakage flow could be
varied by employing different inlet guide vanes. Further measurements have been carried out with higher |
rotor speeds and different labyrinth geometry, but no data has been available until now. Fig. 5 through 10 |
show some of the results taken from [7], together with the theoretical results obtained by the theory 1
presented above. Agreement of both cross-coupling and damping coefficients with theory for both teeth on
rotor and teeth on stator is more than satisfactory, keeping in mind that a stated experimental uncertainty of
7 kN/m for stiffness and 87.5 Ns/m for damping exists. Moreover inlet swirl velocity has not been
measured directly but is calculated by knowing the guide outlet vane corrected by a factor obtained by
guide vane cascade tests. No uncertainty is given here. Also the tested chamber geometry was not exactly
modeled in the theory, theoretical results correspond to a tooth wall angle of 15° compared to 6° for the
tested labyrinth. Nevertheless, the agreement is reasonably good, especially for the lower pressure ratios
for non-choked flow conditions, which are the more realistic ones in practice. In the case of direct stiffness
the theory gives a completely different dependence on inlet swirl as compared to the measurements. The
measured coefficients change almost linearly with inlet swirl velocity, whereas theory gives a parabolic
dependence and virtually zero stiffness without swirl. The experimental results are somewhat in contrast to |
other measurements, namely those by Benckert, where dependence on swirl is similar to that given by |
theory. This point has to be investigated further, since the influence of negative labyrinth stiffness on ‘
critical speeds and stability may be substantial, especially for back-to-back compressors with the piston
labyrinth midspan. Most of the cross-coupled damping measurements are in the order of the given
uncertainty. Theory here gives considerably larger values, at least for high inlet swirl. Moreover, the
dependence on swirl as given by theory is linear whereas the measurements show little variation.

THE INTRINSIC IDENTITIES OF STATIC AND DYNAMIC COEFFICIENTS

The following simple kinematic reflections show that cross-coupling and direct damping forces are
basically two different representations of the same physical phenomena. This is not further surprising,
since they both have their origin in the fluid dissipation forces. We will further show that if the cross-
coupling forces (as functions of inlet swirl velocity) are known, the damping forces can directly be
determined from them. The same holds true for direct stiffness and cross-coupling damping. This implies
then, that if the static forces (i.e. direct stiffness and cross-coupling) are known (for instance by
measurements) for a sufficient range of inlet swirl velocities and with a sufficient accuracy, the dynamic
forces (i.e. direct and cross- coupling damping) can be determined without further measurements. The
above holds true if no centrifugal effects are present, which is generally tacitly assumed (otherwise, forces
on the rotor would be different from those acting on the stator).

Let us consider a labyrinth with strips on the rotor (without loss of generality). The rotor has rotational
speed €, eccentricity e and a velocity of the rotor center of e, i.e. the rotor is rotating around the seal
center. Let the inlet swirl velocity be wy, (see Fig. 11a). Then the lateral force F acting on the rotor is
given by
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F = (le'Ot - bRIOlQ)e’

where kg 1 the cross-coupling stiffness and by, the direct damping coefficient. Seen from the rotating
reference frame (x'y"), the rotor is stationary, the stator rotates with -C2 and the inlet swirl velocity is -
(Wror-Win), where wy is the circumferential rotor speed (see Fig. 11b). With the above assumption i.e no
centrifugal effects, the forces have not changed by the change of coordinates and by the same token we can
interchange rotor and stator without changing the forces (Fig. 11¢), i.e. we have now a seal with teeth on
stator, static eccentricity e, rotor speed - and inlet swirl velocity -(wy,-W;,). The force acting on the rotor

is now simply a cross-coupling force kqga€ in the opposite direction of F. Setting the two forces equal,
we obtain the following equation:

erot(Win) - brrot (Win) Q=- sttat(Wrot'Win)’

or
bRrotWin) = 1/Q [KorotWin) + KQstat(Wrot-Win)]- 11

Hence, the damping coefficient is completely determined by cross-coupling coefficients. For stiffness and
cross-coupling damping the same reasoning leads to

BarotWin) = 1/€2 [KRgtatWrot-Win) - KRrotWin)]- (12)

Since both expressions involve differences, the practical value for determining damping coefficients may
be questionable. However, the identities may be used for either a check for measurement accuracy or for
secondary effects not included in the theory. Also it follows from the identities that a theory which predicts
well cross-coupling stiffness will also predict damping with the same accuracy and the same is true for the
other two coefficients. Therefore, it is no coincidence that the presented theory performs equally well for
cross-coupling and damping.

WATER OPERATED TEST STAND FOR ROTORDYNAMIC FORCE MEASUREMENTS

A test rig has been set up at the Institut fiir Fliissigkeitstechnik at the Federal Institute of Technology
in Zurich, Switzerland. It is water operated and was initially designed for the measurements of rotor-
dynamic coefficients of hydraulic seals for pumps and water turbines. Important features of this test rig are
the high measuring accuracy, which allows precise measurements even at zero inlet swirl and low rotor
speeds, the seperate measurement of the individual chambers and the hydraulically operated stator,
allowing various orbit configurations, such as circular orbits. Rotor speed varies between 0 and 3570
RPM (i.e. 0 - 67 m/s), pressure up to 8 bar, stator frequency up to 30 Hz. Inlet swirl is either zero or close
to rotor circumferential speed (produced by rotor blades). The pressure distribution is measured in the
individual chambers by static and dynamic pressure probes, inlet swirl velocity by total pressure probes.
Fig. 12 gives a cross section of the test stand and Fig.13 a schematic of the hydraulic stator drive. Fig. 14
shows the test stand after installation (Figures by courtesy of Institut fiir Fliissigkeitstechnik, Federal
Institute of Technology, Zurich Switzerland). Up to now, only static measurements of direct stiffness and
cross-coupling stiffness have been carried out with no inlet swirl. The first measurements have been
carried out with a three chamber straight-through labyrinth seal with teeth on the stator. Fig. 15 shows the
results of the measurements of the different chambers for different pressures and rotor speeds. An
interesting fact is the positive stiffness in the first chamber. It may be explained by the circumferential
variation of the axial friction losses in an eccentric seal (also called Lomakin effect [4], [5]). For a plain
annular seal the centering stiffness coefficient is given by ([9]):
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rl2

k =Ap TA%e,
2Ar2(AM/2Ar + 1)2

where Ap is the pressure drop along the seal, 1 the length, Ar the radial clearance and A the pipe flow
number. Considering the first labyrinth chamber as a plain annular seal with clearance equal to tip
clearance, we obtain the values for k very close to the measured direct stiffness (see Fig. 16), at least for
the lower rotor speeds. Hence it seems that for direct stiffness the first chamber acts rather like a plain
annular seal. Even in the second and third chamber the direct stiffness shows anomalous behaviour for the
lower rotor speeds, only for high rotor speed is the behaviour as predicted by theory, i.e. a reduction of
the (negative) stiffness with increasing pressure difference. This reduction is a consequence of the smaller
pick-up of circumferential speed in the chambers with the increase of axial flow with pressure difference.
For gas seals, where the density increases with pressure, the (negative) stiffness increases also (see Fig. 7
and 8). Another interesting feature is the strong dependence of the stiffness on rotor speed as predicted by
theory. This is in contrast to the measurements by Scharrer [7], where stiffness was virtually independent
of rotor speed. Cross-coupling stiffness shows an expected negative sign, but it increases from first to
second chamber as opposed to theory. Again, it sems that the first chamber is behaving differently
compared to the following ones. As in the comparison for the short labyrinth in Fig. 4 for zero inlet swir],
the theory gives generally larger cross-coupling stiffness (in the algebraic sense) compared to
measurement. Since the cross-coupling forces are very small at zero swirl compared to practical inlet swirl
velocities found in reality (without swirl brakes), this does not impair seriously the theory for predicting
rotor stability, as long as damping coefficients are predicted accurately. Further measurements will include
damping coefficients with circular or elliptical orbits of the stator and measurements with inlet swirl
velocity.

CONCLUSIONS

The theoretical prediction of cross-coupling and damping coefficients has been corroborated by
several independent measurements for different rotor speeds and inlet swirl velocities of the leakage flow,
the most important ones being the gas seal tests at the Turbomachinery Laboratories at Texas A&M
University. In particular, it has been shown that the damping coefficients of the seals are behaving as
predicted by theory, i.e. they are insensitive to a wide range of inlet swirl velocities. This has important
consequences for the design of high pressure centrifugal compressors, where the seals may be considered
as passive dampers for rotor vibrations. For the direct stiffness and the cross-coupling damping
coefficients, the theory differs largely from measurements, at least for the gas seal measurements from
Texas A&M University. Here, further work is necessary on the theoretical and also on the experimental
side. The water operated test stand presented gives new insights into the behaviour of labyrinth seals due
to its high measuring resolution and the possibility of measuring individual chambers. Further
measurements may show the way how to resolve the discrepancy between theory and measurements for
direct stiffness and cross-coupling damping,
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Fig. 11 The basic identity of cross-coupling and
damping forces
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Fig. 12 Cross-section of water operated labyrinth test stand
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Fig. 14 Water operated labyrinth test stand
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EXPERIMENTAL ROTORDYNAMIC COEFFICIENT RESULTS FOR TEETH-ON-ROTOR
AND TEETH-ON-STATOR LABYRINTH GAS SEALS!

Dara W. Childs and Joseph K. Scharrer
Texas A&M University
College Station, Texas, 77843

An experimental test facility s wused to measure the rotordynamic
coefficlents of teeth-on-rotor and teeth-on-stator labyrinth gas seals. Direct
damping coefficients are presented for these seals for the firat time. The
results are presented for the two seal configurations at identical operating
conditions, and show that, in a rotordynamic sense, the teeth-on-stator seal is
more stable than the teeth-on-rotor seal, for inlet tangential velocity in the
direction of rotation.

NOMENCLATURE

Seal orbit radius (L); illustrated in figure 9.
Tooth height (L); illustrated in figure 1.

Direct and cross-coupled damping coefficients (FT/L)
Radial clearance (L); illustrated in figure 1.
Direct and cross-coupled stiffness coefficients (F/L)
Seal reaction-force (F)

Tooth pitch (L); illustrated in figure 1.

Seal inlet pressure (F/L?)

Seal radius (L); illustrated in figure 1.

Rotor to stator relative displacement components (L)
Shaking frequency (1/T)

Shaft angular velocity (1/T)

(e}

<
x

w 3

EDXTOIDMOTMXXOOWX
(a9

Subscripts
Value in i-th cavity
Radial component
Tangential component
Y Rectangular coordinate directions

E I e A o

1 This work was supported in part by NASA Grant NAS3-181 from NASA Lewis
Research Center (Technical Monitor, Robert Hendricks) and AFOSR Contract
FU49620-82-K-0033 (Technical Monitor, Tony Amos).
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INTRODUCTION

The design, development, and operation of the test apparatus and facility
which have been developed to measure the leakage and rotordynamic coefficients
of annular gas seals has been described by Childs et al. [1]. This apparatus
has been designed and used to measure rotordynamic coefficients of plain
annular seals, plain seals with honeycomb stators, and labyrinth seals. Nelson
et al. [2] presented the results for plain annular seals with constant-
clearance and convergent-tapered geometries. This paper presents the results
for "see-through" labyrinth seals, as shown in figure 1, with teeth on the
rotor and teeth on the stator.

As described in [1], the rotordynamic coefficients for a gas seal are
defined by the following linearized force—displacement model.

Fx Kxx  Kxy X

(1)

Cxx ny ' X

F Y Y

y Kyx Kyy Cyx  Cyy

Where (X,Y) define the motion of the seal's rotor relative to its stator,
(Fx,F ) are the components of the reaction force acting on the rotor, and
(Kxx,Kyy,ny,ny) and (Cxx.ny,ny,ng) are the stiffness and damping
coefficients respectively. Equation (1) applies for small motion of the rotor
about an arbitrary eccentric position. For small motion about a centered
position, the following simpler model applies.

X

.‘ (2)

Y

Fy] [X k| (X} [c ¢

Fy -k K Y -¢ C
Although the test apparatus has the cépability of separately identifying the
eccentric-position rotordynamic coefficients of equation (1), the results

presented here are for the centered-position case only.

A limited amount of experimental data have been published to date on the
determination of the stiffness coefficients for labyrinth gas seals. However,
no data have been published concerning the damping coefficients of labyrinth
gas seals. The first published results for stiffness coefficients were those
of Wachter and Benckert [3,4,5]. They investigated the following three types
of seals: a) teeth-on-stator, b) interlocking teeth on the rotor and stator,
and c¢) teeth on the stator and steps or grooves on the rotor. Seals were
tested in the following two modes: a) No seal rotation, but fluid prerotation,
and b) seal rotation but zero fluid prerotation. These results were limited in
that the pressure drop was small, much of the data was for nonrotating seals,
no data were presented for teeth-on-rotor seals. The next investigation was
carried out by Wright [6], whose results were for single-cavity teeth-on-stator
seals with convergent, divergent, or straight geometries. Although this was a
very limited and special case, these reaults did give insight into the effects
of pressure drop, convergence or divergence of the clearance, and forward or
backward whirl of a seal. The most recent investigation was that of Brown and
Leong [7], who investigated various teeth-on-stator seal configurations. Their
results include variations of pressure, geometry, rotor speed, and inlet
tangential velocity.
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In reviewing previous experimental programs, there is a clear need for
extensive testing of seals with teeth on the rotor and results for measured
damping coefficients. This paper present some initial results for stiffness
and damping coefficlients for two, nominally-identical seals, differing only in
that one is a tooth-on-rotor configuration and the other is a tooth-on-stator
configuration. The test apparatus, facilities, and data-identification
procedures used in this study are described in detail in references [1] and

[23.
EXPERIMENTAL RESULTS

The rotor and results for measured damping coefficients. This paper
present some initial results for stiffness and damping coefficients for two,
nominally-identical seals, differing only 1in that one is a tooth-on-rotor
configuration and the other 1is a tooth-on-stator configuration. The test
apparatus, facilities, and data-identification procedures used in this study
are described in detail in references (1] and [2].

The test results reported here were developed as a part of an extended,
joint NASA-USAF funded research program for annular gas seal s